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ABSTRACT 

Acoustic enclosures made of thin elastic structural panels are broadly 

employed in many industries and applications such as aerospace, 

submarines, tanks, and architectural structures and safeguarding human 

hearing in a noisy environment. The applications of the acoustic enclosure 

are significant because it reduces the sound transmission from noise sources 

such as operating machines or noisy engines. There is a need to evaluate the 

acoustic performance of enclosures due to the commercial demand for 

quieter systems. Sound transmission loss is identified as an effective 

physical measure for quantifying the capability of acoustical enclosures for 

attenuating noise. Noise control is of primary importance to design the 

acoustic enclosure. Hence, an accurate prediction model of transmission 

loss is usually required during the design and development phases of the 

acoustic enclosures.   

Numerous innovative methods have been developed by researchers for the 

analysis of sound transmission through acoustic enclosures and panels. 

However, the analytical methods based on the wave approach does not 

produce satisfactory results in the low-frequency region. Moreover, 

Numerical methods based on finite element and boundary element methods 

are not well suited to high-frequencies transmission loss calculation of 

complicated structures due to extensive computing resources and high 

computation time. A technique which is employed for predicting the 

transmission loss of finite structural panels is the Statistical energy analysis 

method (SEA). SEA method can be applied to a wide frequency range in 

order to predict the transmission loss of structural panels. Modeling the 

transmission loss of flat panels, shells and rectangular acoustic enclosures 

using the SEA technique is well documented in the literature. Significantly 

less work based on the SEA method has been reported for the prediction of 

sound transmission loss of cylindrical acoustic enclosure, conical acoustic 

enclosure, and hemispherical acoustic enclosure.  
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Additionally, there is a need to study the influence of different shapes of 

sound-absorbing materials on the noise reduction of the acoustic enclosure. 

In this thesis, the sound transmission loss evaluation methodologies based 

on the SEA method and experimental technique are presented for different 

shapes of acoustic enclosures namely, cylindrical enclosure, conical 

enclosure, and hemispherical enclosure. It is found that the analytical 

predictions show fairly a good agreement with the measured results. The 

parametric study is performed using the SEA method to study the influence 

of design parameters such as the internal absorption coefficient, thickness, 

radius, and different panel materials on the transmission loss of different 

shapes of acoustic enclosures. It is found that the greater transmission loss 

of acoustic enclosure can be achieved using a higher absorption coefficient 

inside the cavity. Further, it is shown that the sound insulation performance 

of the acoustic enclosure increases with the increase of shell thickness. 

Moreover, it is demonstrated that the larger radius reduces transmission loss 

of acoustic enclosure. It is found that the enclosure made of high-density 

material effectively provides superior transmission loss in a wide frequency 

range compared to an enclosure made of low-density material. Furthermore, 

the experimental study is performed to investigate the transmission loss of 

four different shape enclosures, viz. rectangular, cylindrical, conical, and 

hemispherical. The volume of all the shapes has been kept the same. It is 

demonstrated that the acoustic enclosure of the hemispherical shape is 

efficient in improving the acoustic performance of the enclosure. 

Additionally, an experimental study is performed to investigate the 

influence of different shapes of sound-absorbing materials on the noise 

reduction of the acoustic enclosure. The commercially available sound-

absorbing materials (polyurethane foam) of three different surface shapes 

are chosen for the analysis viz. plane, wedge, and pyramid. The 

experimental result shows that the pyramid shape sound-absorbing material 

is very efficient compared to plane and wedge shape sound-absorbing 

material for noise reduction of the acoustic enclosure. The experimental 
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study demonstrates that the implementation of sound-absorbing material of 

different surface shapes would be an appropriate method for improving the 

acoustic performance of the enclosure. 

Keywords: Transmission loss; statistical energy analysis; acoustic 

enclosure; noise reduction; radiation efficiency; critical frequency; ring 

frequencies; dissipation loss factor. 
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1 Chapter 1 

Introduction and Literature Review 

 

This chapter presents the application and usefulness of acoustic enclosure 

to study sound transmission loss in automotive vehicles. A comprehensive 

review of the previously reported works by various authors in the domain 

of sound transmission of acoustic enclosures is also discussed. This chapter 

also describes the scope and objectives of the presented thesis in the later 

section. Towards the end, the organization of the thesis is presented. 

 

1.1 Introduction 

In the past few years, issues regarding structural vibration and airborne 

noise transmission control in the automotive passenger compartment have 

received great attention due to growing customer demands for improved 

comfort environments. Internal noise control is becoming of primary 

concern for such structures. Therefore, abating internal noise and excessive 

vibration levels are a major concern in the design of engineering structures 

from an acoustic point of view.  

A thin-walled acoustic enclosure made of flexible panels is a significant 

kind of engineering structure. It is of interest because acoustic enclosures 

are the most adopted technique for decreasing the transmission of sound 

from noisy engines, equipments, and protecting drivers and occupants 

suffering from deteriorated voice communication, impaired efficiency, 

higher fatigue, and hearing damage at the workplace. Acoustic enclosures 

consisting of thin structural panels have a wide range of industrial 

applications. They are used in the cabinet of automotive vehicles, aircraft 

nacelles, tanks, undersea vehicles, machine parts, and architectural 

structures. Acoustic enclosures can be employed when the encapsulation of 
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the noise source is a feasible and cost-efficient solution for noise control. 

Acoustic enclosures alter the sound transmission path by keeping the sound 

energy inside the enclosure and dissipating it through the mechanism of 

sound absorption.  

Acoustic enclosures are classified into different categories: (1) large size 

loose-fitting type enclosures for containing the machine, (2) small size 

enclosures for enclosing smaller machine subsystems or components, (3) 

close-fitting type enclosures to enclose the machine part, (4) lagging or 

wrapping materials for the application of wrapping pipes, ducting and other 

systems, (5) large size enclosures to contain the passenger of the vehicle.  

To predict cabin interior noise levels effectively, a clear understanding of 

the vibro-acoustic characteristics and the parameters which govern the 

response is imperative. There is a need to determine the acoustic 

performance of enclosures due to the commercial demand for quieter 

systems. The performance of an acoustic enclosure is strongly influenced 

by many variables such as geometry, panel material, thickness, the position 

of a source interior of the enclosure, noise control treatments, and 

occurrence of small apertures, etc. 

Sound transmission loss is identified as an effective physical measure for 

quantifying the capability of acoustical enclosures for attenuating noise. 

Transmission loss has been defined as the most significant indicator to 

evaluate the performance of an acoustic enclosure which is described as the 

sound power level difference corresponding to internal and external 

acoustic fields of the enclosure, expressed in decibels. A study of sound 

transmission loss is imperative in the development and assessment steps of 

such systems. 
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1.2 Literature review 

In this section, a state of the art literature review on the sound transmission 

loss of the acoustic enclosure is presented.  

The literature on different techniques of transmission loss evaluations is 

reviewed for different shapes of acoustic enclosures. The applications of the 

acoustic enclosure are so broad that the sound transmission loss evaluation 

has become the most focusing research topic during the design and 

development phases of noise control engineering.  

A significant number of approaches and methodologies have been defined 

in the past dealing with the noise control of acoustic enclosures and panels. 

For the determination of the transmission loss of an acoustic enclosure, four 

different methods are being employed by the researchers. These methods are 

the analytical method, numerical method based on finite element method and 

boundary element method, analytical-numerical method, and experimental 

method [1,2] 

 

1.2.1 Analytical method 

Some research on sound transmission loss for structural panels and acoustic 

enclosures using the analytical method is discussed here. Trochidis and 

Kalaroutis [3] computed the sound transmission loss through a double panel 

containing porous absorbing material between them. Chonan and Kugo [4] 

presented an exact analytical solution of the sound transmission loss of 

double-wall panels based on the two-dimensional elasticity principle. 

Osipov et al. [5] studied the transmission loss of a single plate of room 

partition in the low-frequency region from 20 Hz to 250 Hz. Pellicier and 

Trompette [6] documented a review work about the analytical methods 

based on the wave techniques to predict the transmission loss for infinite 

panels.  

Besides the analytical methods, other analytical techniques such as transfer 

matrix methods [7–10] have also been used in order to study the 

transmission loss through panels. Campolina et al. [11] proposed the 
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transfer matrix method and determined the transmission loss of a single-

walled plate lined with sound-absorbing material.  They investigated the 

influence of sound-absorbing material on the transmission loss of plate. 

Zhou et al. [12] presented the wave approach in order to calculate the 

transmission loss of a double-walled panel. They optimized the 

transmission loss of plates by its weight reduction and enhancing the sound 

transmission loss. Koval [13–15] developed an analytical model for 

predicting the transmission loss of a cylindrical shell for investigating the 

airborne sound transmission of an aerospace vehicle. Blaise et al. [16] 

advanced Koval’s formulation to study the sound transmission of the 

orthotropic cylindrical shell. Lee and Kim [17–19] predicted the 

transmission loss of cylindrical structures subjected to acoustic excitations 

and examined the effect of different design variables on the acoustic 

performance of shells. Zhou et al. [12,20] presented the analytical model 

based on Love’s theory [21–23]  to predict the transmission loss of infinite 

plates and shells with sound-absorbing materials and incorporated the 

influence of the external mean flow in the formulation. Liu and He [24] 

developed the analytical model of double-walled sandwich cylindrical 

shells with poroelastic materials to calculate the transmission loss. They 

demonstrated that the sound transmission loss can be improved effectively 

using a poroelastic core in the mass-controlled range. Oliazadeh and 

Farshidianfar [25] developed an exact analytical model based on Donnell's 

theory [26] for the triple-walled shells lined with poroelastic materials to 

predict transmission loss. They showed that Donnell’s theory is more 

precise than Love’s theory and demonstrated that the triple-walled panels 

have better sound insulation performance than double-walled shells.  

In order to study the sound transmission loss of conical shape structures, 

some analytical models are presented. Golzari and Jafari [27] proposed an 

analytical model to study the acoustic behavior of the truncated conical 

shell. Recently, Golzari and Jafari [28] studied an analytical model of a 

truncated conical shell to investigate the influence of poroelastic material 
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on the sound transmission characteristics of the structure. Additionally, few 

analytical models are developed to study the acoustic performance of 

spherical and hemispherical structures.  

Hasheminejad and Mehdizadeh [29] developed an analytical formulation 

using Biot theory along with Havriliak-Negami model to compute the noise 

reduction of the multi-layer hemispherical enclosure. 

The literature work introduced so far in the analytical method used the wave 

propagation technique for the infinite plates and shells to investigate the 

sound transmission loss. The analytical method based on the wave approach 

has many benefits, in general, it offers relatively simple calculations, further 

reducing the computational cost [6]. The wave approach considers the 

physical mechanism such as critical frequency and mass law phenomenon. 

The approach can be applied to a broad frequency region.  

The approach, however, has a number of drawbacks for predicting the 

transmission loss through infinite plates and shells. The wave approach does 

not include the influence of boundary conditions and damping of the system 

in the analytical formulation [30,31]. Therefore, the results are often 

reliable. Moreover, the wave approach is not capable to predict the 

transmission loss of nonhomogeneous panels.  

A technique which is suitable for predicting the transmission loss of finite 

models of panels with specified boundary conditions is the statistical energy 

analysis (SEA) approach. The prediction of acoustic performance using the 

SEA approach has also received significant attention.  

The SEA technique was introduced by Maidanik [32], Lyon [33], and 

Crocker and Price [34]. SEA is a modeling method to predict the 

transmission loss and acoustic response levels of structures in resonant 

motion using the energy flow relationships [33]. The SEA technique must 

therefore be considered as an alternative to the other analytical approach 

because it provides reliable estimates of sound transmission problems and 

allows computation over a broad frequency range. Cole et al. [35] predicted 

the in-cab noise reduction of a commercial vehicle or equipment enclosure 
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by the SEA method by modeling the cabin enclosure as a rectangular box 

made of steel, incorporating the presence of sound-absorbing material 

inside the box and a small aperture in one side of the panel.  

Oldham and Hillarby [36,37] described the two models for estimating the 

performance of an enclosure that is close-fitted and validated 

experimentally. The first model was related to the low-frequency excitation, 

and the latter was related to the higher frequency excitation based on the 

SEA technique. The experimental results suggested that the high-frequency 

excitation model provides a reliable and accurate prediction of insertion loss 

and depends on the sizes of panels and the dimension of the cavity volume.  

Renji et al. [38,39] studied theoretically and experimentally the 

phenomenon of the non-resonant response of structural panels and 

evaluated the non-resonant sound transmission of the thin structural panel. 

They demonstrated that consideration of non-resonant wave response in the 

analytical model is expected to improve the response estimation. Craik [40] 

and several other researchers [30,41,42] investigated the acoustic response 

and sound transmission through structural panels using the SEA approach. 

They considered the mechanism of non-resonant transmission for predicting 

the noise reduction of acoustic panels based on the limp plate mass law 

theory. Many studies were performed to examine the influence of resonant 

and non-resonant wave responses on the sound radiation characteristics and 

noise mitigation of rectangular acoustic enclosures using the SEA method 

[43–45]. The theoretical and experimental investigation presented that the 

analytical model considering the non-resonant response produces more 

accurate results than limp plate mass law.  

Ming and Pan [44] presented the SEA model to predict the insertion loss of 

a rectangular acoustic enclosure at different frequency regions and 

investigated it experimentally using the sound intensity method. They 

showed that the acoustic performance of an enclosure is primarily 

controlled by the non-resonant modes in the mid-frequency region, while in 

the higher frequency region, it can be enhanced by maintaining the higher 
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sound absorption internally of the enclosure. Lei et al. [45] employed the 

improved SEA model for predicting the noise reduction of rectangular 

acoustic enclosures in broad frequency ranges. They considered the non-

resonant response and more precise transmission coefficient in the 

analytical formulation. Oliazadeh et al. [30,31] used the SEA theory to 

examine the sound transmission characteristics of flat panel and cylindrical 

structures with absorbing material. They adopted the mass law sound 

transmission coefficient in the developed SEA model to predict the 

transmission loss of cylindrical shells. They compared the theoretical results 

with the sound intensity and transmission suite experimental techniques. 

Numerous researchers [46–51] employed SEA theory to study the sound 

transmission behavior of automotive structures. Zhou and Crocker [52] 

performed the experimental and analytical study of sound transmission 

through foam-filled honeycomb sandwich structures using the SEA model. 

Recently, Oliazadeh et al. [53] developed a SEA model to investigate the 

acoustic behavior of honeycomb sandwich panels. They used a sound 

intensity experimental approach to measure the transmission loss and 

compared it with the analytical results.  

Chronopoulos et al. [54] developed a SEA model to predict the transmission 

loss of composite cylindrical shells of various geometries for the design 

study of the aircraft fuselage. They computed the essential SEA parameters 

such as modal density and the sound radiation efficiency using the analytical 

formulas. Xie et al. [55] investigated the vibroacoustic response of a 

complex structure subjected to broadband excitations by an identification 

technique of high-frequency loads based on the SEA technique. 

Chronopoulos et al. [56] presented the work based on the SEA technique to 

predict the structural response of an aerospace structure subjected to 

broadband excitations. They estimated the energy parameter of each 

subsystem and validated the model with experimental measurements.  
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1.2.2 Numerical method 

Numerical methods based on the finite element method and boundary 

element method are effectively used for predicting the transmission loss of 

structures and are generally employed for comparing the transmission loss 

results obtained by other methods.  

Many theoretical models based on finite elements (FE) and boundary 

elements (BE) numerical methods were developed to investigate the 

acoustic response and sound transmission through structural panels [57–

61]. Shi et al. [62] and many other researchers [63,64] used numerical 

approaches and focused on vibration behaviors and transmission loss of 

rectangular acoustic enclosures. Several other researchers [65–71] focused 

on vibration behaviors, interior acoustic responses, and sound radiation 

characteristics of three-dimensional, thin-walled elastic or box-type 

structures. Cheng and Nicolas [72], and many other researchers [73–77], 

conducted numerical examinations to assess the sound transmission 

behavior of aircraft cabins. Numerous research studies are performed to 

examine the sound radiation of conical shape panels. Vipperman et al. [78] 

employed the finite element approach to explore the acoustic behavior of a 

conical shape structure. Wang et al. [79] demonstrated a numerical 

technique to evaluate the acoustic performance of a conical panel. 

Eslaminejad et al. [80] presented the experimental and numerical modal 

analysis to study the modes of a fluid-filled aluminum hemispherical shell.  

1.2.3 Analytical -numerical method 

The transmission loss prediction requires complex mathematical 

formulations and takes higher computational time. Researchers are trying 

to solve these problems using an analytical method and the numerical 

approach to analyze sound transmission. 

The approaches based on numerical models are not well suited to high-

frequencies transmission calculation of complicated structures due to 

extensive computing resources and high computation cost. However, some 
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FE-based strategies employ periodic structure theory, which significantly 

improves the numerical efficiency of the model [81–84]. Parrinello et al. 

[85] proposed an approach for predicting the transmission loss of 

multilayered cylinders using the dynamic stiffness matrix of the FE model 

in a framework of the transfer matrix method (TMM). These techniques are 

represented as an efficient acoustic tools and are numerically efficient in 

modeling complex structures. Tebyanian and Ghazavi [86] devised a 

combination technique employing the analytical approach with boundary 

and finite element approaches. Few theoretical and mathematical methods 

are developed to study the acoustic performance of spherical and 

hemispherical structures using an analytical-numerical approach [87,88]. 

1.2.4 Experimental method 

Experimental methodologies have also been established to measure the 

transmission loss and other useful parameters of the structures.  

Crocker and Price [34] measured transmission loss of partition through the 

transmission suite technique based on sound pressure measurement to 

validate the analytical model. Zhou and Crocker [52] employed the 

transmission suite method to measure the sound transmission loss of 

honeycomb sandwich panels and verify the SEA model of transmission 

loss. Cole et al. [35] and other researchers [31,37,89] employed the 

transmission suite method to evaluate the sound transmission loss of 

acoustic enclosures. Wang et al. [90] and numerous researchers [30,44,45]  

used the sound intensity technique to measure the sound transmission loss 

of structural panels and enclosures. Oliazadeh et al. [53] measured the 

transmission loss of honeycomb sandwich panels using sound intensity 

experimental technique to validate the analytical model. Lai and Burgess 

[91] and other researchers [92] proposed a sound intensity experimental 

technique to measure the damping of plates. Additionally, many studies 

investigated the coupling loss factor parameters used in the SEA analysis. 

Mace [93] and other researchers [94–101] estimated the coupling loss factor 

of complex vibroacoustic systems. 
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Many experimental techniques have also been developed to measure the 

dissipation loss factor of the structures. These are: the half-power 

bandwidth technique, decay rate technique, and power injection method. 

Bies and Hamid [102] and many other researchers [103–105] used 

experimental techniques to measure the frequency average loss factors of 

the structures.  

1.2.5 Conclusions of the literature 

It is found from the above literature survey that four different methods 

evaluate the sound transmission loss of structures. These methods are the 

Analytical method, numerical method, analytical, numerical method, and 

experimental method. These methods are also used for the analysis of 

structure acoustic interaction. 

The literature review has revealed that the performance of an acoustic 

enclosure and panels is strongly influenced by many variables such as 

geometry, panel material, thickness, the position of a source interior of the 

enclosure, noise control treatments, and occurrence of small apertures, etc. 

It has been shown in the theoretical and experimental investigation that the 

presence of sound-absorbing material inside the enclosure improves the 

transmission loss effectively. Commonly applied analytical methods in the 

literature are based on the wave approach for predicting the transmission 

loss of single and multilayer plates and shells. The analytical models based 

on the transfer matrix method consider the influence of sound-absorbing 

material between multilayer partitions. Further, the transfer matrix method 

is adequate for predicting the transmission loss of infinite multilayer panels 

lined with sound-absorbing materials. However, the analytical method 

based on the wave approach does not produce satisfactory results in the low-

frequency region. Several studies based on finite element and boundary 

element methods have demonstrated the usefulness and application of 

numerical methods to evaluate the transmission loss of panels. However, 

the numerical methods are not well suited to high-frequencies transmission 

loss calculation of complicated structures due to extensive computing 
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resources and high computation time. However, some FE-based strategies 

based on the combination of numerical and analytical methods employ 

periodic structure theory, which significantly improves the numerical 

efficiency of the model.  

A technique which is suggested based on the literature review for the finite 

dimensions of the structural panels is the Statistical energy analysis method. 

The SEA includes the influence of boundary conditions and damping 

considerations of the system. From the literature review, it is clear that the 

SEA method can be applied to a wide frequency range to predict 

transmission loss.  

 

1.3 Motivation of the research 

From the introduction and literature review, it is found that transmission 

loss evaluation is the current topic for research. The researchers are trying 

to improve the existing methods in order to predict the transmission loss of 

structural panels.  

Apart from the Analytical methods based on the wave approach and 

numerical methods, the analytical method based on the SEA technique is 

also used for predicting the transmission loss. It has shown that the 

transmission loss evaluation of structural panels using the SEA method has 

gained notable consideration. SEA method considers the effect of boundary 

condition and dissipation mechanism of the panels in the analytical 

formulation. It produces reliable results compared to the analytical method 

based on the wave approach. The approaches based on numerical methods 

are not well suited to high-frequencies transmission calculation of 

complicated structures due to extensive computing resources and high 

computation cost. Therefore, the SEA technique must be used as an 

alternative approach to the wave-based and numerical methods to evaluate 

the transmission loss of the structural panels because it enables the 

computation in a broad frequency range and provides accurate results. The 
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SEA method contributes a good basis for evaluating the structural response 

and transmission loss of panels due to acoustic excitation, consisting of the 

contributions through a physical mechanism of resonant and non-resonant 

modes. With regards to evaluate the transmission loss of cylindrical 

acoustic enclosures, modeling the transmission loss of flat panels and 

rectangular acoustic enclosures by considering non-resonant response using 

the SEA technique is well documented in the literature. To the best of the 

knowledge based on the literature survey, there is no published work for 

computing the transmission loss of cylindrical acoustic enclosure using 

SEA when there is a consideration of non-resonant wave response and using 

the more precise and accurate sound transmission coefficients of structural 

panels in the analytical model. It is pertinent to emphasize that non-resonant 

wave response is significant for structural panels such as aircraft fuselage, 

and hence it becomes essential to compute it. 

With regards to model the acoustic behavior and predicting the transmission 

loss of conical and hemispherical shape structures, most of the research 

focused on the sound transmission and acoustic behavior of single and 

multilayer plates and shells and rectangular shape enclosures. There is only 

a little work in a SEA context to study the sound transmission characteristic 

of conical and hemispherical shape structures. Hence sound transmission 

loss of the conical and hemispherical shape enclosure is required to evaluate 

using the SEA method. The effect of significant acoustic parameters such 

as radiation efficiency, ring, and critical frequencies on the transmission 

loss performance of conical and hemispherical shape enclosures is needed 

to study. 

With regards to investigate the acoustic performance of different shapes of 

acoustic enclosures, there is a need to measure the transmission loss of 

different shapes of acoustic enclosures by keeping the same volume. 

Additionally, there is a need to study the influence of different shapes of 

sound-absorbing materials on the noise reduction of the acoustic enclosure.   
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1.4 Objectives of the research 

The objective of this research is to develop an analytical model for predicting 

the transmission loss and verifying it using the experimental study. The 

objectives are as following: 

• To predict the sound transmission loss of cylindrical shape acoustic 

enclosure using SEA method and verifying the analytical model 

using sound intensity technique. 

• To predict the sound transmission loss of conical shape acoustic 

enclosure using SEA method and validating the analytical model 

using sound intensity technique. 

• To predict the sound transmission loss of hemispherical shape 

acoustic enclosure using SEA method and verifying the analytical 

model using sound intensity technique. 

• To study the sound transmission loss of different shapes of acoustic 

enclosures using the sound intensity technique. 

• To experimentally investigate the effect of sound absorbing material of 

different surface shapes on the noise reduction of an acoustic enclosure. 

 

1.5 Outline of the thesis 

The chapter-wise breakup of the presented thesis is as follows: 

Chapter 1 deals with the introduction and enlists a review of the previously 

carried out works in the evaluation of the sound transmission loss of 

acoustic enclosure and structural panels. A brief introduction of the 

different methods: analytical methods, numerical methods, analytical-

numerical methods, and experimental methods are discussed. After that 

motivation of the research and the objectives of the thesis are presented. 

Chapter 2 demonstrates the SEA methodology for predicting the sound 

transmission loss of a cylindrical acoustic enclosure. The description of the 
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experimental setup to measure the sound transmission loss is presented. The 

analytical predictions are compared with the measured results to validate 

the analytical model. The parametric study is also performed to investigate 

the influence of different design parameters on the sound transmission loss 

of cylindrical acoustic enclosure. In the last, the summary of the chapter is 

presented. 

Chapter 3 presents the SEA procedure for predicting the sound 

transmission loss of a conical acoustic enclosure.  The experimental setup 

to evaluate the sound transmission loss is described in detail. A comparison 

of the analytical predictions with the measured results is presented to verify 

the analytical model. The parametric study is also conducted to examine the 

influence of various design variables on the sound transmission loss of 

conical acoustic enclosure. In the last, the summary of the chapter is 

discussed. 

Chapter 4 describes the SEA methodology for predicting the sound 

transmission loss of a hemispherical acoustic enclosure.  The experimental 

setup to measure the sound transmission loss is explained in detail. A 

comparison of the analytical predictions with the measured results is 

demonstrated for validating the analytical model. The parametric study is 

also carried out to investigate the influence of various design variables on 

the sound transmission loss of hemispherical acoustic enclosure. In the last, 

the summary of the chapter is presented. 

Chapter 5 presents the experimental study to investigate the sound 

transmission loss of different shapes of acoustic enclosures. The description 

of the experimental setup to measure the sound transmission loss is 

presented in detail. After that, the experimental results are compared for the 

different shapes of acoustic enclosures. In the last, the summary of the 

chapter is presented. 
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Chapter 6 demonstrates the experimental investigation of sound-absorbing 

material of different surface shapes on the noise reduction of an acoustic 

enclosure. The experimental setup to measure noise reduction is described. 

The experimentally obtained noise reduction is compared for the different 

shapes of sound-absorbing materials. In the last, the summary of the chapter 

is discussed. 

Chapter 7 enlists the overall conclusion of the thesis. In the last, the future 

scope of the study is discussed. 
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2 Chapter 2 

Prediction of sound transmission loss of 

cylindrical acoustic enclosure  

 

In this chapter, sound transmission through a cylindrical shape acoustic 

enclosure is predicted analytically and verified experimentally. An 

analytical model is developed based upon the statistical energy analysis 

(SEA) approach to examine the transmission loss of a cylindrical acoustic 

enclosure in different frequency regions, including low, intermediate, and 

high-frequency ranges. In the developed model, the non-resonant wave 

response is included in addition to the consideration of resonant response 

for obtaining more accurate results. To validate the analytical model, an 

experimental setup was developed, and sound transmission loss of a 

cylindrical acoustic enclosure was measured using the sound intensity 

experimental technique. It was found that the analytical results are in good 

agreement with the measured transmission loss. The results obtained 

indicate that the proposed analytical model is efficient to predict the sound 

transmission loss of cylindrical acoustic enclosures.  

 

2.1 Introduction 

Cylindrical acoustic enclosures made of thin elastic structural panels are 

broadly employed in the applications of many transport vehicles, mainly in 

the aerospace industry. Internal noise control is becoming of primary 

concern for aerospace structures. To predict cabin interior noise levels 

effectively, a clear understanding of the vibro-acoustic characteristics and 

the parameters which govern the response is imperative.  

Transmission loss has been identified as the most significant indicator to 

evaluate the performance of an acoustic enclosure which is described as the 
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sound power level difference corresponding to the interior and exterior 

acoustic fields of the enclosure, expressed in decibels [30,106].  

The transmission loss of a structural component because of acoustic 

excitation is the result of contributions through the resonant and non-

resonant wave responses [38,107]. The resonant component of the response 

is also called free-response due to resonant structural modes as a result of 

the interaction between free bending sound waves and the structural 

boundaries and causing resonant wave sound radiation. Moreover, the non-

resonant component of the wave response is termed as the forced response 

which contributes significantly to the occurrence of non-resonant sound 

transmission because of matching of the trace wavelength of the incident 

sound with the wavelength of the propagating waves in the structure. As a 

result of a similar wavelength, the non-resonant wave response radiates 

more effectively, and greater sound energy is transmitted through the 

structure. However, the response of resonant wave components is 

considerably small at frequencies lower than the critical frequencies of 

structural panels due to a shorter wavelength of resonant wave response than 

the wavelength of incident sound waves in the air [39]. Therefore, the 

resonant wave response is an insufficient radiator compared to the non-

resonant wave response lower than the critical frequencies of the structural 

panels. The resonant wave response has the same wavelength as that of the 

non-resonant wave response, at a frequency around the critical frequencies 

of panels. Thus, the radiating property of free response is similar to that of 

forced response about these frequencies.  

The non-resonant wave response is normally estimated through the sound 

transmission characteristics of panels based on mass law. In general, a panel 

which does not have flexural rigidity (limp panel), exhibits mass law sound 

transmission behavior. In a practical situation, structural panels having a 

certain amount of stiffness and sound radiation and transmission behavior 

of such panels can not be given by mass law. In such a situation, sound 

transmission behavior also depends on the bending stiffness.  
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Although the non-resonant wave response is dependent directly on the 

panel’s sound power transmission coefficient, it becomes significant around 

the critical frequencies of structural panels. Therefore, it is significant to 

include the non-resonant wave response contribution of structure to 

investigate their sound transmission behavior when excited acoustically.  

Renji et al. [38,39] studied theoretically and experimentally the 

phenomenon of the non-resonant response of structural panels and 

evaluated the non-resonant sound transmission of the thin structural panel. 

They demonstrated that consideration of non-resonant wave response in the 

analytical model is expected to improve the response estimation. Many 

studies were performed to examine the influence of resonant and non-

resonant wave responses on the sound radiation characteristics and noise 

mitigation of rectangular acoustic enclosures using the SEA method. The 

theoretical and experimental investigation presented that the analytical 

model considering the non-resonant response produces more accurate 

results than limp plate mass law.  

To this end, this chapter contributes a good basis for evaluating the 

transmission loss of cylindrical acoustic enclosure due to acoustic 

excitation, consisting of the contributions through a physical mechanism of 

resonant and non-resonant modes. To predict the resonant and non-resonant 

sound transmission, the resonant wave response and the non-resonant wave 

response are treated as two separate subsystems in the present SEA 

formulation. The presented SEA model can evaluate the resonant and non-

resonant sound transmission of the cylindrical acoustic enclosure. 

Experimental measurements on acoustic cylindrical enclosure using sound 

intensity technique are exhibited to measure the sound transmission loss of 

a cylindrical acoustic enclosure to validate the accuracy and robustness of 

the developed analytical model. 
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2.2 Analytical model formulation 

In the SEA technique, a system under investigation refers to the entire 

assembly of linked structures and acoustic spaces. The system is then 

distributed into a number of subsystems that are characterized by its modal 

energy. The total power supply to every subsystem is provided from an 

external acoustic source of excitation, which is equivalent to the power 

losses due to the internal damping of subsystems and transmitted between 

them. A model of an acoustic cylindrical enclosure consists of a cylindrical 

shell, and a flat circular top panel welded together, as shown in Fig. 2.1 and 

Fig. 2.2. 

 
Figure 2.1 A schematic sketch showing the various components of a 

cylindrical acoustic enclosure 

 
Figure 2.2 Schematic diagram of a cylindrical acoustic enclosure 
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Each panel is assumed to be thin, isotropic elastic, and of uniform thickness. 

The external source exciting the considered system is acoustic. The external 

sound source excites the enclosure cavity acoustically, placed inside the 

enclosure. Table 2.1 shows the material properties used in the transmission 

loss problem of the acoustic cylindrical enclosure. 

Table 2.1  Material properties used in the transmission loss problem of a 

cylindrical acoustic enclosure 

Symbol System variable Value 

   Density 7850 kg/m3 

E  Elastic Young’s modulus  11
2 10 Pa 

  Poisson’s ratio 0.3 

R  Radius of cylindrical shell 0.45 m 

L  Length of cylinder 1.29 m 

h  Thickness 1.20 mm 

 

In the present analytical formulation for the proposed SEA model, both the 

resonant as well as non-resonant wave responses are considered separately 

as two individual subsystems. The internal sound field in the enclosure 

cavity is not split through resonant and non-resonant subsystems, 

considering the losses due to coupling are signified with regard to the total 

acoustic power.  

The SEA model for the low-frequency regions and the intermediate and 

high-frequency regions is shown in Fig. 2.3 and Fig. 2.4, in which 

subsystem 1 represents the internal sound field stored in the enclosure 

cavity. Subsystems 2 and 4 are represented by the resonant and non-

resonant wave response of the shell (cylindrical panel), respectively. 

Similarly, subsystems 3 and 5 are represented by the resonant and non-

resonant wave response of the enclosure flat panel, respectively.
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Figure 2.3 Schematic representation of energy flow paths I and II for 

low-frequency SEA model 

Hence, five subsystems exist in the developed SEA model of an acoustic 

cylindrical enclosure. In the low-frequency region, the enclosed fluid 

volume is stiffness controlled and has insufficient resonant modes, though 

enclosure panels act resonantly. In this frequency range, the acoustic energy 

transmits from the enclosed air volume to the panels and follows two energy 

flow paths, as shown in Fig. 2.3.  

The first energy flow path introduces the resonant power transmission 

between the subsystems, as shown in Fig. 2.3 (I). Path I does not consider 

the internal sound field as a separate individual subsystem in the low-

frequency SEA model due to the absence of resonant modes inside the 

enclosure cavity. Hence, the enclosure cavity becomes non-resonant. 

However, the acoustic sound source excites the resonant response of the 

panels. 
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Thus, as a result of power balance for Path I, the equation can be written for 

the ith resonant structural subsystem (i=  2,3,…..,N):   
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where, 2 ,f = in which f is the frequency band of the analysis, iE and

jE are the average stored acoustic energy in the ith subsystem and jth 

subsystem respectively,
d
in is the dissipation loss factor of ith subsystem, jin  

is the coupling loss factors from jth subsystem to ith subsystem, -i rW is the 

resonant power input at the ith subsystem, and can be written as [17] : 
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where, sW is the measured sound power of the enclosed noise source, in is 

the modal density of ith subsystem. 

o is the overall sound transmission coefficient of the cylindrical acoustic 

enclosure which is given as follows: 

   4 5o  =                                                                                             (2.3) 

where,  4 and 5 are the sound transmission coefficient of non-resonant 

component of enclosure cylindrical shell and flat panel, respectively. 

In the present SEA formulation, in addition to the inclusion of non-resonant 

wave response, the more precise and accurate non-resonant sound 

transmission coefficient of structural panels is used in the whole frequency 

range, which considers the influence of bending stiffness and size of the 

panels. The expression of non-resonant sound transmission of the 

cylindrical shell is given by Szechenyi [108] based on statistical conception.  
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In the present formulation, the non-resonant sound transmission coefficient 

is obtained by rearranging and solving the expression of Szechenyi [108] 

and given as follows:  
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where, rf  is the cylindrical shell ring frequency. The variables x and y  

can be given as follows: 
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where, o

r

f

f
 = ,  and E are the density and Young’s modulus of the 

panel material, respectively. 

The sound transmission coefficient of the enclosure non-resonant flat panel 

is expressed as [109]: 
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where, / 2 o oa h c = , in which, h  is the thickness of the panel, o and oc are 

the density and sound speed in the air, ( )c  is the panel radiation efficiency 

for the forced wave response at the point of coincidence angle, cf is referred 

to as panel critical frequency, / cr f f=  is addressed as the ratio of frequency.
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  is the panel radiation efficiency of the forced structural response 

averaged for all the wave incidence angles. 

The second energy flow path II describes the acoustic energy transmission 

non-resonantly through the interior acoustic field to the enclosure panels, as 

shown in Fig. 2.3 (II). Therefore, the enclosure cavity can be considered a 

separate subsystem in the developed analytical model.  

The internal sound field of the enclosure cavity is denoted as subsystem 1, 

then, the power balance equations for Path II, can be written respectively 

for the subsystem 1 and kth non-resonant structural subsystem (k= 4, 

5,…..,N) as follows:  
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1 1 0d
k k kn E n E − =                                                                    (2.9)         

where, 1
dn and 1E are the dissipation loss factor and average acoustic energy 

of the sound field stored in the enclosure cavity respectively,
d
kn and kE are 

the dissipation loss factor and average acoustic energy of the kth non-

resonant subsystem respectively, 1kn and 1kn  is the coupling loss factors from 

enclosure cavity to non-resonant subsystem and coupling loss factor from 

non-resonant subsystem to enclosure cavity respectively. 

1 nrW −  is the sound power that causes the non-resonant wave response, which 

is given by [44]: 

1-nr o sW W=                                                                                          (2.10) 

In the intermediate and high-frequency ranges, both the internal sound field 

as well as enclosure panels exhibit resonant modes. Therefore, the internal 

sound field in the enclosure cavity can be considered as a separate 

individual subsystem in this case as shown in Fig. 2.4. 
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Figure 2.4 Schematic representation of energy flow paths for the 

developed SEA model at intermediate and high-frequency regions 

Moreover, apart from resonant transmission between the enclosed acoustic 

field and the enclosure panels, the internal sound field is further coupled to 

the non-resonant wave response of structural panels.  

Therefore, the power balance equations in this case, can be written 

respectively for the subsystem1, ith resonant subsystem (i= 2, 3,…..,N) and 

for the kth non-resonant structural subsystem (k= 4, 5,…..,N) as follows:    
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where, 1in and 1in is the coupling loss factor from enclosure cavity to 

resonant subsystem and coupling loss factor from resonant subsystem to 

enclosure cavity, respectively. 

The Eqs. (2.1), (2.8), (2.9) are rearranged in the form of matrix equations. 

Therefore, SEA matrix equation at the low frequencies can be written as:                                                                         
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Similarly, Eqs. (2.11), (2.12) and (2.13) are rearranged in the form of matrix 

equations. Thus, the SEA matrix equation at the intermediate and high 

frequencies can be written as follows: 
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                                   (2.15) 

Therefore, the average acoustic energy of each subsystem at the low, 

intermediate, and high frequencies can be obtained through inverting the 

coefficient matrix of Eqs. (2.14) and (2.15).  

It is noted that the expression of the important SEA parameters, modal 

density, coupling loss factor, and dissipation loss factor are given in 

Appendix A.  

2.2.1  Transmission loss 

The acoustic property of an enclosure is evaluated by the sound 

transmission loss, which is classified as the most important and appropriate 

performance indicator for such structures. The transmission loss is 

expressed in decibels (dB) and is defined as [44,110]:             

1010log s
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W
 =  
 

                                                                         (2.16) 

where, RW is the radiated sound power level by the exciting enclosure 

panels.  

Moreover, the total sound power which is radiated through all the resonant 

and non-resonant structural subsystems into the exterior receiving room is 

estimated by [45]:   
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where, i , iS ,and iv are respectively the radiation efficiency, surface area, 
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and vibration velocity of the ith resonant subsystem. Similarly, k , kS , 

and kv are respectively the radiation efficiency, surface area, and vibration 

velocity of the kth non-resonant subsystem. 

The mean square vibration velocity of each subsystem 
2

iv and 
2

kv is 

obtained as follows: 

2 i
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m
= ,                                                                               (2.18) 
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= ,                                                                                     (2.19)                     

where, im and km are the mass of the ith resonant subsystem and kth non-

resonant subsystem respectively. It should be noted that geometric 

parameters such as mass and surface area of resonant and non-resonant 

subsystems are identical. 

The transmission loss of an acoustic cylindrical enclosure is computed by 

using Eqs. (2.16) and (2.17) for the developed SEA model. 

2.2.2  Resonant mode number study 

In order to apply the SEA model in the different frequency regions, the 

number of total resonant modes at each center frequencies of 1/3 octave 

band of the internal sound field, cylindrical shell, and the top panel is plotted 

in Fig. 2.5. Based on the data in Fig. 2.5, it can be evaluated that the internal 

sound field in the enclosed volume has very less resonant modes in the range 

of frequency from 100 Hz to 250 Hz while structural panels possess 

sufficient resonant modes in this region.  

Cremer and Heckl [1,36] recommended that greater than six number of 

resonant modes are required in each frequency band of interest in each 

subsystem to represent the diffuse sound field. In the range of frequency 

from 315 Hz to 400 Hz, the internal sound field and structural panels have 

a sufficient number of resonant modes to have diffuse sound fields. 
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Figure 2.5 Resonant mode number of the internal sound field, shell, and the 

top panel at the center frequency of 1/3 octave band 

Similarly, the resonant modes greatly increase for the higher frequencies, 

and internal sound field and structural panels represent diffuse sound fields. 

Thus, for the present analytical models, based on the number of resonant 

modes, it is evaluated that the low range of frequency begins with 100 Hz 

to 250 Hz, the medium range of frequency is between 315 Hz to 400 Hz, 

and the higher frequency region begins through 500 Hz.  

 

2.3 Experimental studies 

To validate the analytical model of the cylindrical acoustic enclosure, 

developed using the SEA method for evaluating the transmission loss, the 

experimental investigation was conducted in the soundproof chamber in the 

air medium, as shown in Fig. 2.6. The volume of the soundproof chamber 

is 16 m3. The experiments were performed on a cylindrical shape acoustic 
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enclosure made of galvanized steel, which has a diameter and length of 0.9 

m and 1.29 m, respectively. 

 
Figure 2.6  Soundproof chamber 

The dimensions of the acoustic enclosure are the same as those considered 

in analytical modeling, which is listed in Table 1. The air density and speed 

of the sound in the air are taken as 1.21 kg/m3 and 344 m/s, respectively. 

2.3.1 Dissipation loss factor measurement 

The dissipation loss factor of the structural panels is evaluated 

experimentally using the decay rate technique based on a resonant mode 

transient response [33]. The flat-top panel and the cylindrical shell were 

hung freely and excited separately using the impact hammer [Model: Dytran 

series 5800B4] of sensitivity 2.25 mV/N, which is shown in Fig. 2.7.  

 

Figure 2.7 Impulse hammer: Dytran series model -5800B4 
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The schematic diagrams of the measurement of the dissipation loss factor 

of the flat top panel and the cylindrical shell are shown in Fig.2.8 and Fig. 

2.9, respectively.  

 

 

 

 

 

 

 

 

 

 

Figure 2.9 Schematic diagram of the experimental setup to measure the 

dissipation loss factor of the cylindrical shell 

Fig. 2.10 and Fig. 2.11 show the experimental setup of the dissipation loss 

factor measurement for the flat top panel and the cylindrical shell, 

respectively.  

Figure 2.8 Schematic diagram of the experimental setup to 

measure the dissipation loss factor of the flat top panel 
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Figure 2.11 Experimental setup to measure the dissipation loss factor of 

the cylindrical shell 

The decay characteristic of the top panel and cylindrical shell is tested at 

different positions of the piezoelectric accelerometer, as shown in Fig. 2.12. 

Figure 2.10 Experimental setup to measure the dissipation loss factor of 

the flat top panel 
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Figure 2.12  Hammer impact point positions on enclosure panels 

The impulse hammer was connected to a 16-channel LMS data acquisition 

system, a PC (Dell-INTEL Core), and PCB356A16 series lightweight 

accelerometers of sensitivity 100 mV/g. For obtaining reliable results, the 

measurement was repeated two times, and a total of five impacts were made 

at each accelerometer location, and then the time-averaged decay time was 

measured.  

The dissipation loss factor of the panels is correlated to time-averaged decay 

time 1/2T by the following expression [33]: 

1/2

0.22d
i fT

 =                                                                                  (2.20) 

The time-averaged dissipation loss factor of the structural flat top panel and 

cylindrical shell at the center frequency of 1/3 octave band is shown in Fig. 

2.13.  

The results obtained from the impact hammer experiments are reliable up 

to 14kHz. The impact test experiment was performed using a hammer tip 

made of metal to cover the frequency range of interest. The measured 

dissipative loss factor was utilized to predict the sound transmission loss of 

the enclosure for more accurate results. 
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2.3.2 Transmission loss measurement using sound intensity method 

The sound intensity technique is based on the measurement of the sound 

intensity of the enclosed noise source and the transmitted sound intensity 

through the structure. Thus, the sound transmission loss can be evaluated 

through the expression given [30,106]: 

1010log in
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 
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 
                                                                          (2.21) 

where, inI and tI are the incident sound intensity of the noise source and 

transmitted sound intensity, respectively.  

To investigate the effectiveness of the acoustic enclosure and the accuracy 

of the analytical model, it was desirable to obtain transmission loss of the 

enclosure based on Eq. (2.21). The internal volume of the enclosure was 

excited acoustically using a sound source to measure transmission loss.  

An omnidirectional sound Source type 4292‐L (Brüel & Kjær system) 

(product operating frequency range 50 Hz -5000 Hz) was employed as an 

actual sound source with different acoustic excitations (pink noise and white 

noise). The sound source is controlled by LMS data acquisition system (Test 

lab 17.0) through source control option with high amplification rate (2.5 

Volt) in order to generate acoustic power of high frequencies. Therefore, 

the omnidirectional sound source was placed centrally inside the enclosure 

Figure 2.13 Measured dissipation loss factor: (a) top flat panel (b) 

cylindrical shell 



35 
 

and fed with pink noise and white-noise signals to generate the sound power 

at adequate low, intermediate, and higher frequencies. During the 

measurements, the opening of the enclosure was faced to the ground on the 

soundproofing mat to prevent any acoustic leakage. The measured 

transmission loss is obtained using the sound intensity method from the 

spatial average sound intensity measurement over the enclosure panels and 

the sound intensity determination of the noise source in the soundproof 

chamber.  

The schematic sketch of the experimental test setup is shown in Fig. 2.14. 

The experimental setup of the sound transmission loss measurement of the 

cylindrical acoustic enclosure is presented in Fig. 2.15. The essential 

components of the test setup are shown in Fig. 2.16. 

 

Figure 2.14 Schematic sketch of the experimental setup for measuring the 

transmission loss using the sound intensity method 

The sound intensity was measured using the G.R.A.S intensity probe (type 

50GI-R), connected with a 16-channel LMS data acquisition system and a 

PC (Dell-INTEL Core). The probe consisted of two 1/2-inch microphones, 
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which were phase-matched together and separated through a spacer. To 

cover the whole frequency range during the measurements, four 

interchangeable solid spacers were used to maintain the spacing of 

microphones at 12 mm, 25 mm, 50 mm, 100mm. 

 

Figure 2.15 Experimental setup for measuring the transmission loss using 

the sound intensity method 

Table 2.2 shows a list of measurable frequency range for different spacers. 

Table 2.2 List of measurable frequency range for different spacers 

Spacer size 

(mm) 

Measurable frequency range 

(f) (Hz) 

12 f>120 Hz 

25 120-6000 

50 60-2000 

100 30 -1000 

 

The sound intensity measurement was carried out following the 

international standard ISO 9614-1 discrete point technique [111] by 

dividing each enclosure panel surface into small segments and measuring 

the sound intensity in each segment. 
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Figure 2.16 Essential components of an experimental setup for the 

measurement of the transmission loss  

Each segment was measured three times using different spacers for 

obtaining more accurate and reliable results. The sound intensity was 

measured at a 0.05 m distance from the respective surface of the sound 

source and enclosure panels. The transmission losses were measured 

repetitively at different sections of the enclosure. The averaging time 

considered for sound intensity data acquisition was of 12 seconds.  

Fig. 2.17 shows the measured sound power of the noise source at the center 

frequency of 1/3 octave band to produce the acoustic energy of different 

frequencies with respect to white noise and pink noise.  
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Figure 2.17 Comparison between measured sound power of noise source 

(white noise) with the measured sound power of source (pink noise) 

White noise is a signal which contains equal energy per hertz and has a 

constant power spectral density, whereas pink noise is a signal that contains 

equal energy in each octave band and has the power spectral density that is 

inversely proportional to frequency. Moreover, the pink noise signal 

contains high acoustic energy at lower frequencies, whereas the white noise 

signal allocates more acoustic energy to the higher frequencies. Therefore, 

low frequencies are emphasized for the case of pink noise compared with 

that of white noise. The experiment was repeated two times to measure the 

reliable sound power of the noise source under different excitation 

conditions. Based on the experimental data, the measured sound power 

under pink noise excitation is reliable in the frequency range from 100 Hz 

to 250 Hz. Similarly, the measured sound power under white noise 

excitation is used in the frequency region starts through 315 Hz. 
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2.4 Results and Discussion 

In this section, the results of the experimental measurements and analytical 

results of the SEA model are presented. The curves drawn in Fig. 2.18 show 

the sound power levels transmitted and radiated through the cylindrical 

acoustic enclosure and predicted analytically with different energy 

transmission mechanisms at the one-third octave frequency band.  

 

Figure 2.18  Radiated sound power from the acoustic cylindrical 

enclosure using different energy transmission mechanisms 

A comparison is made between the radiated sound power levels of resonant 

subsystems (by considering the resonant response only) with that of non-

resonant subsystems. The results indicate that non-resonant sound energy 

transmission is larger than resonant energy transmission at frequencies 

lower than the critical frequencies of panels, which is 10280 Hz. It is also 

observed that the acoustic sound energy transmission and radiation are 

dominated by resonant responses as well as by non-resonant components of 

the wave response around the critical frequencies. Moreover, the prediction 

of sound power levels through different sound transmission phenomena 

indicates that considering non-resonant response in the analytical model is 
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very significant for evaluating acoustical energy transmission more 

precisely. Thus, the non-resonant response component is additionally 

considered with the resonant wave response in the present analytical 

formulation. Based upon the foregoing consideration, it is of interest to 

evaluate the sound power levels radiated through various sections of the 

enclosure surface area. The sound power radiated from the flat top panel of 

a cylindrical acoustic enclosure is predicted analytically and presented in 

Fig. 2.19 at the center frequency of one-third octave bands, comprising 

resonant, non-resonant, and total sound transmission. It is observed that the 

sound power transmitted through the top panel below the critical 

frequencies is mainly controlled by only non-resonant sound transmission 

but governed by both the resonant as well as non-resonant sound 

transmission around the critical frequencies of panels. The sound power 

levels radiated through the cylindrical section of the acoustic enclosure are 

predicted analytically and shown in Fig. 2.20 in the one-third octave 

frequency bands, comprising of resonant, non-resonant, and total sound 

transmission. The analytical calculations estimated the ring frequency of the 

cylindrical panel, which is about 1860 Hz. It is seen that the sound energy 

radiated and transmitted from the cylindrical section is governed by only 

non-resonant sound transmission below critical frequencies of the panel but 

regulated by both the resonant as well as for non-resonant sound 

transmission near and above the critical frequencies of panels. The sound 

transmission is principally governed by the non-resonant wave response 

below the critical frequency because the resonant wave response has a poor 

radiation efficiency in this range of frequency.  
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Figure 2.19 Flat-panel sound power transmission: analytical comparison 

between resonant transmission, non-resonant transmission, and total 

transmission 

 

Figure 2.20 Cylindrical shell sound power transmission: analytical 

comparison between resonant transmission, non-resonant transmission, 

and total transmission 

The resonant wave response is an insufficient radiator because the 

wavelength of the resonant wave response is smaller than that of sound in 
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the air below the critical frequency of the structure. The resonant wave 

response and the corresponding radiation efficiency are large at frequencies 

near the critical frequency. Thus, the sound radiation from resonant wave 

response is significant only at frequencies near the critical frequency of the 

panel. Moreover, structural panels possess some amount of stiffness, and 

their sound power transmission characteristics depend on the bending 

stiffness as well. In this situation, the sound power transmission coefficient 

near the critical frequency of the panel is very large. Since the non-resonant 

response contribution is directly dependent on the sound power 

transmission coefficient, it becomes significant near about the critical 

frequency of the structure. Hence, above the ring frequency also, the non-

resonant wave response is dominant, compared to the resonant wave 

response below the critical frequency. While near about the critical 

frequency, both the resonant and non-resonant wave responses are 

significant. 

Fig. 2.21 predicted analytically the sound transmission loss of the 

cylindrical acoustic enclosure using different energy transmission 

mechanisms at the one-third octave frequency bands comprising of 

resonant, non-resonant, and total sound transmission loss. The analytical 

model predicts the ring frequency of the cylindrical panel, which is about 

1860 Hz. Similarly, the critical frequency of enclosure panels is predicted 

to be about 10280 Hz.  As expected, the sound transmission loss of a 

cylindrical acoustic enclosure is mainly controlled by non-resonant sound 

transmission below the critical frequencies but regulated by both the 

resonant and non-resonant sound transmission near and above the critical 

frequencies of panels. Therefore, it is observed that non-resonant 

transmission is equally significant as resonant transmission, particularly at 

frequencies near around the critical frequencies of the top panel and 

cylindrical shell, respectively. Meanwhile, it is noted from the above results 

that responses could be chiefly underestimated if the non-resonant wave 

responses are not considered in the analytical model.  
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Figure 2.21  Sound transmission loss of cylindrical acoustic enclosure 

using different energy transmission mechanisms 

Fig. 2.22 compares the results of the SEA model prediction and measured 

sound transmission loss of a cylindrical acoustic enclosure using the 

experimental sound intensity method in the 1/3 octave frequency band.  

 

Figure 2.22 Analytical and experimental comparison of transmission loss 

of the acoustic cylindrical enclosure at the center frequency of 1/3 octave 

band 
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It is seen that the measured results of the transmission loss under pink noise 

excitation agree well with the analytical prediction from the frequency 

region of 100 Hz to 250 Hz. The transmission loss results under white noise 

excitation are compared with the analytical predictions that indicate 

reasonably good agreement at frequencies starts through 315 Hz. However, 

the discrepancy between the experimental results and analytical predictions 

above the critical frequency may be presumably due to a limited number of 

measurement points.  

As expected, the developed SEA model estimated the two noticeable drops 

in the sound transmission loss graph presented in Fig. 2.22. The first drop 

appears at the frequency of 1860 Hz, the ring frequency of the cylindrical 

shell, strongly associated with the breathing mode of shell resonance nearest 

to the measured result, which is 1761 Hz. The second drop appears at the 

point of 10280 Hz, which is the critical frequency of the enclosure panels. 

The predicted critical frequency of the enclosure panels is found to be 

nearest to the measured results of critical frequency, which is about 9880 

Hz. Comparing the analytical prediction and measured results, the 

percentage error of the ring frequency is 5.32 % and that for the critical 

frequency of the enclosure panels is 3.89 % which represents fairly a 

reasonable agreement between the analytical and experimental results. It 

can be observed from the analytical and experimental results, as shown in 

Fig. 2.22, that sound transmission loss increases through the low-frequency 

range up to the ring frequency at which sudden drop occurs because of the 

breathing mode of cylindrical panel resonance. Above the ring frequency, 

the transmission loss further increases up to the critical frequency of the 

enclosure panels. The trend of the sound transmission loss curve is to be 

anticipated, which rises through the lower frequency range to intermediate 

frequency range based on the non-resonant sound transmission, which is 

mainly regulated by non-resonant wave modes because of the low radiation 

efficiency of resonant modes below the critical frequencies. As the 

impinging sound waves frequencies get closer to the critical frequencies of 
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the enclosure panels, an abrupt fall occurs due to the higher radiation 

efficiencies and a strong excitation of structural panels in a resonance 

condition.  In this condition, flexural wave speed in the structural panels is 

equivalent to the sound wave speed in the air. Above the critical coincidence 

frequency of the enclosure panels, transmission loss further increases 

because, in this range of frequency, sound transmission strongly depends 

upon the impinging sound waves frequency and structural damping, which 

controls the vibration and sound radiation characteristics of enclosure 

panels.  

It is found from the analytical and experimental results in Fig. 2.22 that 

sound transmission loss of the acoustic cylindrical enclosure increases 

about 8 dB and 12 dB, respectively, in the lower and intermediate range of 

frequency. At the high-frequency bands, transmission loss is enhanced by 

about 21 dB, which is a great achievement from an acoustic point of view. 

 

2.5 Parametric studies 

The analytical model formulated for the acoustic cylindrical enclosure can 

be used very efficiently at the fundamental design and assessment stages of 

cylindrical shape vibro-acoustic systems.  

To investigate the efficacy of various design parameters to improve the 

effectiveness and transmission loss performance of a cylindrical acoustic 

enclosure, parametric studies are performed. 

2.5.1 Effect of the internal absorption coefficient 

The internal absorption coefficient of the enclosure acts significantly in 

transmission loss performance. Fig. 2.23 shows that the use of a larger 

internal absorption coefficient (
43.6 10 f− ) inside the acoustic enclosure 

in comparison to a smaller internal absorption coefficient (
41.8 10 f− ), 

improves the transmission loss performance effectively.   
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It is seen in Fig. 2.23 that transmission loss can be raised to 3 dB if the 

internal absorption coefficient is doubled. 

 

Figure 2.23 Comparison of transmission loss with respect to internal 

absorption coefficient of acoustic cylindrical enclosure 

2.5.2 Effect of thickness 

In a practical application, the enclosure panels are designed only as thick as 

required due to weight constraints.                                                                                          

It is seen in Fig. 2.24 that doubling the thickness caused about 5 dB 

enhancement of transmission loss up to the frequency band of 4000 Hz. 

There is no improvement of transmission loss by increasing the thickness in 

the frequency regions between 4000 Hz to 8000 Hz. Above the frequency 

of 8000 Hz, the transmission loss increases greatly, about 15 dB. Therefore, 

changing the thickness of panels significantly influences the transmission 

loss performance of the cylindrical acoustic enclosure. If the target 

transmission loss is known from the noise level consideration, an 

appropriate thickness of the enclosure panels can be easily estimated. 
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Figure 2.24 Comparison of transmission loss with respect to the thickness 

of acoustic cylindrical enclosure 

2.5.3 Effect of length to diameter ratio 

As shown in Fig. 2.25, a larger l/d  ratio reduces transmission loss 

performance of an enclosure, mainly due to the curvature influence of the 

cylindrical shell on its stiffness and larger surface area.  

 

Figure 2.25 Comparison of transmission loss with respect to length to 

diameter ratio of the acoustic cylindrical enclosure 
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Because of this, enclosure panels radiate the acoustic energy more 

effectively. Therefore, this critical parameter should be considered more 

carefully while designing the cylindrical acoustic enclosure. 

2.5.4 Effect of different materials 

Fig. 2.26 shows the influence of the panel materials on the sound 

transmission efficiency of the acoustic cylindrical enclosure.  

 

Figure 2.26 Comparison of transmission loss with respect to the material 

of acoustic cylindrical enclosure 

The materials selected for the comparison are steel, aluminum, and brass, 

with the properties of materials given in Table 2.3.  

Table 2.3 Material properties used for a cylindrical acoustic enclosure 

Material Density 

(kg/m3
) 

Elastic Young’s 

modulus (GPa) 

Poisson’s ratio 

Steel 7850 200 0.3 

Aluminum 2700 69 0.33 

Brass 8500 104 0.36 

 



49 
 

Fig. 2.26 indicates that the transmission loss performance of a cylindrical 

acoustic aluminum enclosure is least effective in the entire frequency 

regions because of the lowest mass and stiffness, which is well anticipated. 

The result shows that the cylindrical acoustic enclosures made of steel and 

brass improve the sound transmission loss performance effectively in the 

broad frequency regions, which are well anticipated because both the steel 

and brass have higher stiffness and mass, respectively. Moreover, the 

transmission loss performance of the cylindrical acoustic enclosure made of 

brass is most effective because it has the largest density, enabling it to be 

more efficient in the mass-controlled high-frequency region. 

 

2.6 Conclusions 

In this work, the analytical models are presented based upon the SEA 

technique for predicting the transmission loss performance of cylindrical 

shape acoustic enclosures. The analytical formulation, models the 

cylindrical acoustic enclosure in different frequency regions, including low, 

intermediate, and high frequencies. In addition to resonant responses, the 

non-resonant responses are also considered in the model for predicting more 

accurate transmission loss of acoustic enclosure. The more precise sound 

transmission coefficient of enclosure panels that incorporate the influence 

of bending stiffness, structure size, and more accurate forced radiation 

efficiency, is utilized in the analytical formulations. It is found that resonant 

responses and non-resonant responses are very much significant at 

frequencies around the critical frequencies of panels. It is demonstrated that, 

below the critical frequency, transmission loss of cylindrical enclosure is 

principally regulated by the non-resonant wave modes only. The sound 

intensity experimental technique is employed for measuring the sound 

transmission loss of acoustic cylindrical enclosure. It is found that the 

analytical predictions show fairly a good agreement with the measured 

transmission loss and predict well the ring and critical frequencies of 
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enclosure panels. The percentage error between analytical and measured 

ring frequencies is 5.32 %, and that for the critical frequency of enclosure 

panels is 3.89 % which is acceptable. 

It was predicted analytically and experimentally that transmission loss of 

the cylindrical acoustic enclosure increases about 8 dB and 12 dB, 

respectively, in the lower and intermediate range of frequency. The sound 

transmission loss is enhanced by about 21 dB in the region of high 

frequencies which is a great achievement from an acoustic point of view. 

Based on the proposed SEA technique, the influence of various design 

variables, the internal absorption coefficient, the thickness of the panels, 

length -diameter ratio, and different materials of the panels on the 

transmission loss was investigated. 
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3 Chapter 3 

Prediction of sound transmission loss of conical 

acoustic enclosure  

 

In this chapter, an analytical model is proposed using the statistical energy 

analysis (SEA) technique to predict the sound transmission loss of a conical 

shape acoustic enclosure in a broad frequency range. The proposed model 

is verified experimentally using the sound intensity experimental technique. 

It was found that the analytical predictions are in good agreement with the 

measured transmission loss. The results obtained indicate that the developed 

analytical model can be used as an efficient design tool to predict the 

acoustic performance of conical shape structures. 

 

3.1 Introduction 

The conical shape structures are widely employed in many practical 

applications such as aircraft, rockets, tanks, and submarines. In recent years, 

structural vibration and noise-related problems for such structures have 

drawn more attention due to the acoustic environment exposed to these 

structures. In order to study the sound transmission loss of conical shape 

structures, various analytical and numerical models are presented. 

Vipperman et al. [78] investigated the acoustic performance of an advanced 

grid-stiffened composite structure of conical shape using the finite element 

method (FEM). Wang et al. [79] presented a numerical model to examine 

the structural and acoustic responses of a conical structure. Tebyanian and 

Ghazavi [86] developed a combined method using the analytical method, 

boundary element method (BEM), and FEM to investigate the transmission 

loss of truncated conical shells. Golzari and Jafari [27] proposed an 

analytical model to study the acoustic behavior of the truncated conical 
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shell. Golzari and Jafari [28] studied an analytical model of a truncated 

conical shell to investigate the influence of poroelastic material on the sound 

transmission characteristics of the structure. Besides the numerical 

methods, other approaches such as transfer matrix methods [7–10,85] have 

also been used to study sound transmission through structures.  

The prediction of acoustic performance using the statistical energy analysis 

(SEA) approach has also received significant attention. The SEA technique 

can be used as an alternative approach to the numerical methods because it 

enables the computation in a broad frequency range and provides accurate 

results. Numerous researchers [46–51] employed SEA theory to study the 

sound transmission behavior of automotive structures. Recently, Oliazadeh 

et al. [53] developed a SEA model to investigate the acoustic behavior of 

honeycomb sandwich panels. Prediction of sound transmission loss is often 

required at the acoustic design and evaluation stages of complicated 

structures. However, the investigation on sound transmission performance 

of conical shape structures has received little consideration using SEA.  

This chapter plugs this gap by developing an efficient analytical model to 

predict the transmission loss of the conical acoustic enclosure and 

investigate the effect of significant acoustic parameters such as radiation 

efficiency, ring, and critical frequencies on the transmission loss 

performance. The sound intensity experimental technique is exhibited to 

assess the transmission loss to validate the accuracy of the developed 

analytical model. 

3.2 SEA model of a conical acoustic enclosure 

In the SEA modeling approach, a system under investigation refers to the 

entire assembly of linked structures and acoustic spaces. The system is then 

distributed into a number of subsystems that are characterized by its model 

energy.  

The total power supply to every subsystem is provided from an external 

source of excitation, which is equivalent to the power losses due to the 
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internal damping of subsystems and transmitted between them. A model of 

conical acoustic enclosure consists of a truncated conical shell and a flat 

circular top panel welded together, as shown in Fig. 3.1. A cylindrical 

coordinate system (r, θ, z) is implemented as shown in Fig. 3.2 and 

represents the structure.  

 
Figure 3.1 A schematic sketch showing the various components of a 

conical acoustic enclosure 

 

 

Figure 3.2 Schematic representation of a model of the conical acoustic 

enclosure 
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Each panel is considered to be elastic, isotropic, thin, and of uniform 

thickness. Table 3.1 shows the dimensions and the system variables used in 

the problem of transmission loss of the conical acoustic enclosure. 

Table 3.1 Material properties and system variables used in the 

transmission loss problem of a conical acoustic enclosure 

Symbol System variable Value 

  Mass density 7850 kg/m3 

E  Elastic Young’s modulus  11
2 10 Pa 

  Poisson’s ratio 0.3 

1R  Smaller radius of cone 0.42 m 

2R  Larger radius of cone 0.55 m 

L  Length of conical shell 1.07 m 

TL  Length of cone truncation           3.47 m 

sL  Cone slant length 4.54 m 

  One-half cone angle at apex 6.94˚ 

  
Truncation ratio = T

s

L

L
 

0.76 

h  Thickness 1.20 mm 

 

SEA model is presented here by considering only the resonant power 

transmission of acoustic noise source between all the subsystems. Lyon 

[112] reported that the relative roles of resonant and non-resonant 

transmission can be evaluated by considering the structural damping of the 

structure. Pope [113] stated the fact that large, thin, and heavily damped 

systems tend to transmit in a non-resonant manner. In the present analysis, 

the resonant transmission is considered significant compared to non-

resonant transmission because of lightly damped enclosure panels.  
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Hence, to reduce the complexity of the model and based on the literature 

[36–38,112–116], non-resonant transmission is not considered in the 

current analytical model.   

In the present analytical formulations, the system under analysis is 

separated into three individual subsystems and comprised of subsystems 2 

to 3, these beings the truncated conical shell and a top flat panel of the 

enclosure, respectively, while the enclosure cavity is regarded as a 

subsystem 1 as displayed in Fig. 3.3. A sound source is placed inside the 

enclosure cavity producing an internal diffuse sound -field that vibrates the 

panels of the enclosure.  

 

Figure 3.3 Schematic representation of energy flow paths for the 

developed SEA model of conical acoustic enclosure 

The exciting panels thus transmit sound into space outside of the enclosure 

which is the receiving room. Only subsystem 1 obtains a power input 

because the noise source is only situated inside the enclosure cavity; 

therefore, the energy flow into the remaining subsystems is zero.  

A three-element acoustic system requires a 3 3 matrix equation to model 

the power flow by assuming that the power supply between the subsystem 

is proportionate to the modal energy difference of the connected subsystem.                                                 

The energy flow equations of subsystem 1, subsystem 2, and subsystem 3 

can be written in the following manner:         

   1 1 21 2 31 3  d
inn E n E n E P  − − =                                                                  (3.1)                                                                                                              

 2 2 12 1 32 3   0dn E n E n E  − − =                                                                    (3.2)                                                       
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 3 3 13 1 23 2   0dn E n E n E  − − =                                                                    (3.3)                                                                                                                             

where 2 f = is the radial frequency of the band, inP is the external 

power input to subsystem 1,
d
in and iE are the dissipation loss factor and 

average acoustic energy of the subsystem i respectively, ijn  is the loss factor 

due to coupling from subsystem i to subsystem j. 

It is to be noted that the loss factor due to coupling between resonant 

subsystems in opposite direction is estimated using the reciprocity rule 

[31,33]:  

ij i ji jn n n n=                                                                                            (3.4)     

where in and jn are referred to as the modal density of the respective 

subsystem i and j, which is a frequency-dependent function that describes 

the expected number of total resonant modes per unit frequency available 

to obtain and store energy in the subsystem. 

The Eqs. (3.1), (3.2), and (3.3) are rearranged in the form of matrix 

equations. Thus, the SEA matrix equation can be written as follows: 

1 21 31 1

12 2 32 2

13 23 3 3

   0  

0

d
in

d

d

n n n E P

n n n E

n n n E



 − −    
     
− − =    

    − −    

                                                         (3.5)                  

Therefore, the average acoustic energy of each subsystem can be obtained 

through inverting the coefficient matrix of Eq. (3.5).  

3.2.1 SEA parameter estimation 

To assess the acoustic performance of a conical acoustic enclosure 

theoretically, the important SEA parameters of the developed model, are 

essential to calculate which are mainly the modal density, loss factors, and 

radiation efficiency. 
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3.2.1.1 Modal density 

The modal density of subsystem 1 is expressed by [33]:  

2

1
1 3

4

o

f V
n

c


=

                                                                                           (3.6) 

where, 1V is the volume of the internal sound field. 

The modal density of the resonant subsystem 2 is given as follows [117]:   
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  
 
 

                           (3.7) 

where, Lf and Uf are the lower and upper ring frequency of the truncated 

conical shell. 

The modal density of the resonant subsystem 3 is given as follows [117]:  

3
3 2

8 3

L

S
n

hc
=                                                                                          

(3.8) 

where, 3S is the area of the flat top panel, LC is the longitudinal wave speed 

in the panel which is given as [118]: 

2
C =  

(1 )
L

E

 −
                                                                                         

(3.9) 

where, E ,  and  are Young’s modulus, density, and Poisson’s ratio of the 

material respectively. 

3.2.1.2 Dissipation loss factor 

The dissipation loss factor of subsystem 1 is expressed by [44]:  
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1
1

1

  = 
4

o
d c

n
S

V




                                                                                    (3.10) 

where, γ is the internal absorption coefficient of the enclosure, 

4
γ = 1.8 10 f

−
   (minimum value) for the ambient condition when no 

absorbing material was used for the enclosure. 

The dissipation loss factors of the enclosure panels were measured 

experimentally using the decay rate technique since there is no exact 

analytical expression available for computing the loss factor due to 

dissipation. 

3.2.1.3 Coupling loss factor 

The loss factor due to coupling between resonant subsystem 2 to subsystem 

1 is given as [31]: 
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                                                    (3.11)       

where, o and oc are respectively, the density and speed of sound in air, 2 is 

the radiation efficiency for the truncated conical shell. 

The loss factor due to coupling between resonant subsystem 3 to subsystem 

1 is given as [30]: 
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                                                    (3.12)                               

where, 3 is the radiation efficiency for the resonant flat top panel. 

Subsystem 2 is connected to subsystem 3 with a line junction, and a wave 

approach adopted by [102], is used to compute the coupling loss factor. 
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The expression of coupling loss factor between resonant subsystem 2 and 

resonant subsystem 3, considering same material and thickness, is given as 

[44,102]:  

23
23

0.2068 B

i

c L
n

S
=                                                                       (3.13) 

where, 23L is the junction length, Bc is bending wave speed on the panel 

which is given by [33,35]:                                                   

 

1/2

12

L
B

hc
c

 
=  
 

                                                                            (3.13)                                           

3.2.1.4 Radiation efficiency 

The sound radiation efficiency is an appropriate acoustic descriptor of a 

structure excited acoustically. It has a direct correlation between radiated 

sound power rW , surface mean square velocity
2

v , and radiating 

surface area S [30,106]:  

2
  r

o o

W

c S v



=                                                                                    (3.14) 

The radiation efficiency of the flat top panel is computed with the approach 

given in the reference number, as in [30]. The truncated conical shell is 

approximated through a series of cylindrical segments of the structure to 

calculate the radiation efficiency of the truncated conical shell [119].  

3.2.2 Ring and critical frequencies 

Three significant frequencies play an influential role in the acoustic 

characteristics of a conical acoustic enclosure. These significant frequencies 

are the lower ring frequency, upper ring frequency, and critical frequency. 

The lower ring frequency Lf  is explained as the frequency at which the 

longitudinal wavelength is equal to the circumference of the large end of 
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the cone. The upper ring frequency Uf  is the frequency at which the 

longitudinal wavelength is equal to the circumference of the small end of 

the cone. The third important frequency, the critical frequency, cf  is the 

frequency at which flexural waves speed in the panel is equivalent to the 

incident sound waves speed in the medium of air. 

The lower and upper ring frequencies and the critical frequency are given 

by reference number, as in [30,110,119]:  

2

,
2

L
L

c
f

R
=                               (3.15)                                                                                                        

1

,
2

L
U

c
f

R
=                     (3.16)                                                                                                                                                      

2
12

,
2

o
c

L

c
f

hc
=                                                                                          (3.17)                                                                                                                                                             

where, 1R is the small radius of the cone; 2R  is the large radius of the cone.         

3.2.3  Transmission loss 

The acoustic property of an enclosure is evaluated by the sound 

transmission loss, which is classified as the most important and appropriate 

performance indicator for such structures. The transmission loss is 

expressed in decibels (dB) is defined [44,118]:           

1010log O

R

W
TL

W
 =  
 

                                                                         (3.18) 

where, OW is the measured sound power of the internal sound field and RW

is the radiated sound power level by the exciting enclosure panels.  

Moreover, the total sound power which is radiated through all the resonant 

structural subsystems into the exterior receiving room is estimated by [44]: 

2
R o i o i i

i

W S c v =                                                                       (3.19)                              
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where o and oc denote the density and speed of sound in the air medium; 

i , iS , and iv are respectively the radiation efficiency, surface area, and 

vibration velocity of the ith subsystem. 

The mean square vibration velocity of each subsystem 
2

iv is obtained as 

follows: 

2 i
i

i

E
v

m
= ,                                                              (3.20)                                                                                                                                                                             

where im  is the mass of ith panel. 

The transmission loss of a conical acoustic enclosure is computed by using 

Eqs. (3.5), (3.18), (3.19), and (3.20) for the developed SEA model. 

3.3 Experimental studies 

The experiments were performed on a conical shape acoustic enclosure in a 

soundproof chamber to validate the analytical model. The volume of the 

soundproof chamber is 16 m3. The conical shape acoustic enclosure was 

made of galvanized steel, with the exact dimensions considered in analytical 

modeling. 

3.3.1 Dissipation loss factor measurement 

The dissipation loss factor of the enclosure panels is evaluated 

experimentally using the decay rate technique, which is based on a resonant 

mode transient response [33]. The flat-top panel was hung freely and 

excited separately using the impulse hammer [Modal: Dytran 5800B4 

series] of sensitivity 2.25 mV/N as displayed in Fig. 3.4.  

The conical shell was hung freely and excited separately using the impulse 

hammer, as shown in Fig. 3.5. The impulse hammer was connected to a 16-

channel LMS data acquisition analyzer, a PC (Dell-INTEL Core), and 

PCB356A16 series lightweight accelerometers of sensitivity 100 mV/g. The 

decay characteristic of the flat top panel and the conical shell is tested at 

different accelerometer positions. 
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The dissipation loss factor of the structural panels is correlated to time-

averaged decay time 1/2T by the given expression [33]:  

1/2

0.22d
in

fT
=                                                                                  (3.21) 

 

Figure 3.4 Experimental setup for measuring the dissipation loss factor of 

the flat top panel 

 

Figure 3.5 Experimental setup for measuring the dissipation loss factor of 

the truncated conical shell 
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For obtaining accurate and reliable results, the measurement was repeated 

two times, and a total of five impacts were made at each accelerometer 

location, and then the time-averaged decay time was measured.  

Fig. 3.6 shows the time-averaged dissipation loss factor of the structural flat 

top panel and conical shell at the center frequency of 1/3 octave band.  

 

Figure 3.6  Measured dissipation loss factor: (a) top flat panel, (b) conical 

shell 

The measured dissipative loss factors were utilized to predict the sound 

transmission loss of the conical acoustic enclosure for more accurate results. 

3.3.2 Radiation efficiency measurement 

To measure the radiation efficiency of the enclosure panels, it is essential to 

measure the mean square velocity and radiating sound power of the 

respective enclosure panel. The enclosure panels were excited acoustically 

using the omnidirectional sound source of the Brüel & Kjær system placed 

inside the enclosure. The radiation efficiencies of the enclosure panels were 

measured based on Eq. (3.14). 

3.3.3 Sound transmission loss measurement using sound intensity 

technique 

The sound intensity technique is based on the sound intensity measurement 

of the enclosed noise source and the transmitted sound intensity through the 
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structure. Thus, the sound transmission loss can be evaluated through the 

expression given [30]:  

1010log in

t

I
TL

I

 
=  

 
                                                                          (3.22) 

where, inI and tI are respectively the incident and transmitted intensity of 

sound.  

To investigate the accuracy of the developed model, it was desirable to 

obtain transmission loss of the enclosure based on Eq. (3.22). The internal 

volume of the enclosure was excited acoustically using a sound source to 

measure the sound transmission loss. An omnidirectional sound source 

[Model: 4292‐L, Brüel & Kjær system] was employed as an actual sound 

source. The sound source was placed centrally inside the enclosure and fed 

with white-noise signals to generate the acoustic sound power to excite the 

enclosure. The schematic diagram of the experimental test setup is shown 

in Fig. 3.7. 

 

Figure 3.7 Schematic diagram of the experimental setup for measuring the 

transmission loss of conical acoustic enclosure 

The photographic view of the experimental setup of the sound transmission 

loss measurement is presented in Fig. 3.8. The position of the sound source 
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inside the enclosure is shown in Fig. 3.9. The sound intensity was measured 

using the G.R.A.S pp type sound intensity probe (type 50GI-R), connected 

with a 16-channel LMS data acquisition system and a PC (Dell-INTEL 

Core). 

 

Figure 3.8 Experimental setup for measuring the transmission loss of 

conical acoustic enclosure 
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Figure 3.9 Position of the sound source inside the enclosure 

The measured sound transmission loss is obtained from the spatial average 

sound intensity measurement over the enclosure panels, and the incident 

sound intensity determination of the noise source. The probe consisted of 

two 1/2-inch microphones, phase-matched together and separated through 

a spacer. To cover the whole frequency range during the measurements, 

four interchangeable solid spacers were used to maintain the spacing of 

microphones at 12 mm, 25 mm, 50 mm, 100mm. The averaging time 

considered for sound intensity data acquisition was of 12 seconds.  

Fig. 3.10 shows the measured sound power of the internal sound field at the 

center frequency of 1/3 octave band.  
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Figure 3.10 Measured sound power of the internal sound field 

 

3.4  Results and Discussion 

In this section, the developed model predictions are compared with the 

results of the experimental measurements to validate the analytical model. 

The curves drawn in Fig. 3.11 depict the comparison of measured radiation 

efficiency of enclosure top flat panel with the analytical predictions. 

Comparing the analytical predictions with the measured results shows fairly 

a good agreement. It can be seen in Fig. 3.11 that the radiation efficiency of 

the flat top panel has one peak tends to unity about the frequency of 10000 

Hz, which is the critical frequency of the top panel that is nearest to the 

result computed by Eq. (3.17) which is 10280 Hz. In this condition, the 

flexural waves speed in the structural panel is equivalent to the speed of the 

sound waves in the air, and the structural top panel is associated with the 

strong excitation in a resonance condition due to the high radiation 

efficiency.  
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Figure 3.11  Analytical and experimental comparison of radiation 

efficiency of the top flat panel at the center frequency of 1/3 octave band 

The amplitude of radiation efficiency of the top panel below the critical 

frequency is very low in the range between -10 dB and -25 dB. This implies 

that the flat top panel radiates inadequately except at the critical frequency 

with high radiation. The measured radiation efficiency of the conical shell 

is shown in Fig. 3.12 and compared with the analytical predictions. The 

results indicate that the comparison of the analytical predictions with 

measured results presents fairly a good agreement.  

It is seen in Fig. 3.12; the radiation efficiency of the conical shell has three 

peaks which are well anticipated. The first and second peak appears 

respectively at the lower and upper ring frequencies of the conical shell, 

which is linked with the structural breathing mode condition of resonance. 

The analytical modal predicted the lower ring frequency at about 1600 Hz 

nearest to the result calculated by Eq. (3.15), which is 1521 Hz. The upper 

ring frequency is predicted at about 2000 Hz, which is close to the result 

computed by Eq. (3.16), which is 1992 Hz. 
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Figure 3.12 Analytical and experimental comparison of radiation efficiency 

of the conical shell at the center frequency of 1/3 octave band 

The third peak appears at about 10000 Hz, which is the critical frequency 

of the conical shell nearest to the result computed by Eq. (3.17), which is 

10280 Hz. In this situation, the conical shell has a high amplitude of 

radiation efficiency, tends to unity, and radiates in the same way to the 

enclosure flat top panel. This indicates that the conical shell radiates poorly 

except at the lower, upper, and critical frequencies with more significant 

sound radiation. 

Based on the foregoing consideration, it is of interest to evaluate the sound 

power levels radiated through various sections of the enclosure surface area. 

The measured sound power radiated from the top flat panel is drawn in Fig. 

3.13 and compared with the analytical results at the center frequency of one-

third octave bands. The measured results show fairly a good agreement with 

the analytical results. 
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Figure 3.13 Analytical and experimental comparison of the radiated 

sound power level of the top flat panel at the center frequency of 1/3 

octave band 

It is observed that the sound power radiated through the structural top panel 

is increased through the lower and intermediate frequency range below the 

critical frequency based on mass law sound transmission and regulated by 

the mass per unit surface area of the structure in this region of frequency. 

The radiated sound power level becomes higher at the critical frequency of 

the top panel, which is about 10000 Hz due to the high amplitude of 

radiation efficiency and strong excitation of the structural top panel in the 

resonance condition. Fig. 3.14 compares the sound power level radiated 

through the conical section of the acoustic enclosure analytically and 

experimentally in the one-third octave frequency band. It is seen in Fig. 3.14 

that the analytical predictions of the radiated sound power level are in good 

agreement with the measured results.  
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Figure 3.14 Analytical and experimental comparison of the radiated 

sound power level of the conical shell at the center frequency of 1/3 octave 

band 

The sound power radiated through the conical shell is increased through the 

lower and intermediate frequency region below the critical frequency based 

on mass law sound transmission and principally governed by the mass per 

unit surface area of the structural panel in this range of frequency. The 

conical shell radiates poorly except at the lower ring frequency, upper ring 

frequency, and critical frequency because of the strong acoustic excitation 

of the conical shell in the resonance condition. It has higher radiation 

efficiencies at the corresponding frequencies of 1600 Hz, 2000 Hz, and 

10000 Hz, respectively. Fig. 3.15 compares the results of the SEA model 

prediction and measured sound transmission loss of a conical acoustic 

enclosure using the experimental sound intensity method in the 1/3 octave 

frequency band.  
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Figure 3.15 Analytical and experimental comparison of transmission loss 

of conical acoustic enclosure at the center frequency of 1/3 octave band 

It is seen that the analytical and measured results followed a similar trend, 

and measured transmission loss agrees well with the analytical predictions, 

specifically at the lower ring frequency, upper ring frequency, and critical 

frequencies. The discrepancy between analytical and experimental results 

is due to not considering the non-resonant transmission in the modeling.  It 

should be noted that the transmission loss prediction at the ring and critical 

frequencies is very important in the acoustic design of any structure. As 

expected, the developed analytical model and the experimental predictions 

estimated the three noticeable dips in the sound transmission loss curve 

presented in Fig. 3.15. It can be observed from the analytical and 

experimental predictions shown in Fig. 3.15 that sound transmission loss 

increases through the low-frequency range to the lower ring frequency at 

which a sudden drop occurs because of the structural breathing mode of 

conical shell resonance. Thereafter, the transmission loss continues to 

increase to the upper ring frequency, at which a sudden drop appears 

because of the structural breathing mode resonance. The transmission loss 

further rises to the critical frequencies of the enclosure panels above the 
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upper ring frequency. The trend of the theoretical curve is to be anticipated, 

which is increased through the lower and intermediate frequency range 

based on mass law transmission and regulated by the mass per unit surface 

area of the structure in this region of frequency. As the frequency of 

impinging sound waves gets closer to the critical frequency, about 10000 

Hz, an abrupt drop occurs due to the higher radiation efficiencies and a 

strong excitation of enclosure panels in a resonance condition. The 

transmission loss further increases beyond the critical frequency because 

sound transmission strongly depends on the frequency of the impinging 

sound waves and panel damping, which limits the sound radiation 

characteristics of the enclosure panels. The percentage error between 

predicted and computed lower ring frequencies is 5.1 % and that for the 

upper ring frequencies is 0.4 %. The percentage error between predicted and 

calculated critical frequencies is 2.7 %. The results demonstrate a good 

agreement between the analytical and experimental investigations. It is seen 

in Fig. 14 that sound transmission loss of the conical acoustic enclosure 

increases about 28 dB and 32 dB, respectively, in the lower and intermediate 

range of frequency. The transmission loss is enhanced by about 40 dB in 

the high-frequency region, which is a great achievement from an acoustic 

point of view. 

 

3.5 Parametric studies 

The analytical model formulated for the conical acoustic enclosure can be 

used very efficiently at the fundamental design and assessment stages of 

conical shape vibro-acoustic systems. In order to investigate the efficacy of 

various design parameters to improve the effectiveness and transmission 

loss performance of conical acoustic enclosure, parametric studies are 

conducted. 
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3.5.1 Influence of absorption coefficient 

The absorption coefficient of the enclosure acts significantly in 

transmission loss performance. Fig. 3.16 depicts that the use of a larger 

internal absorption coefficient ( 43.6 10 f− ) inside the acoustic enclosure in 

comparison to a smaller internal absorption coefficient ( 41.8 10 f− ), 

enhances the transmission loss performance effectively.  It is seen in Fig. 

3.16 that sound transmission loss can be raised to 5 dB if the internal 

absorption coefficient is doubled. 

 

Figure 3.16 Effect of absorption coefficient on the transmission loss of the 

conical acoustic enclosure 

3.5.2 Effect of the cone angle 

In Fig. 3.17, the sound transmission loss of the conical acoustic enclosure 

is calculated at different one-half angles at apex,  = 6.94˚, 10˚.  The cone 

angle enhancement slightly reduces the sound transmission loss in the lower 

range of frequencies up to 1371 Hz which is the upper ring frequency of the 

conical shell at a semi-vertex angle of 10˚. The transmission loss decreases 

at the low frequencies with the increment of cone angle probably due to a 

reduction in stiffness of the conical shell. However, transmission loss 

increases in the intermediate frequency region with a rise in the cone angle 
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because the conical shell has a higher modal density in this range of 

frequencies.   

 

Figure 3.17 Effect of the one-half cone angles at the apex on the 

transmission loss of the conical acoustic enclosure 

Moreover, it can be observed that increasing the cone angle provides 

slightly better transmission loss in the region of higher frequencies.  

3.5.3 Effect of thickness 

In a practical application, the enclosure panels are designed only as thick as 

required due to weight constraints. It is seen in Fig. 3.18 that doubling the 

thickness caused about 5 dB enhancement of transmission loss below the 

frequency band of 3150 Hz. There is no improvement of transmission loss 

by increasing the thickness in the frequency region between 3150 Hz to 

6300 Hz. Above the frequency of 6300 Hz, the transmission loss increases 

greatly about 15 dB. Therefore, changing the thickness of panels has a 

significant influence on the transmission loss performance of the conical 

acoustic enclosure. If the target transmission loss is known from the noise 

level consideration, an appropriate thickness of the enclosure panels can be 

easily estimated. 
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Figure 3.18 Effect of the thickness on the transmission loss of the conical 

acoustic enclosure 

3.5.4 Effect of length-diameter ratio 

Fig. 3.19 shows the influence of l/d ratio on the transmission loss of conical 

acoustic enclosure. 

 

Figure 3.19 Effect of length-diameter ratio on the transmission loss of the 

conical acoustic enclosure 
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A larger l/d ratio reduces transmission loss performance of an enclosure 

which is mainly due to the curvature effect of the conical shell on its 

stiffness and larger surface area as shown in Fig. 3.19                                                        

This important parameter should be considered with more care while 

designing the conical acoustic enclosure. 

3.5.5 Effect of different materials 

Fig. 3.20 presents the influence of the panel materials on the sound 

transmission efficiency of the conical acoustic enclosure. The materials 

selected for the comparison are steel, aluminum, and brass with the 

properties of materials given in Table 3.2.  

 

Figure 3.20 Effect of different materials on the transmission loss of the 

conical acoustic enclosure 

Fig. 3.20 indicates that the transmission loss performance of a conical 

acoustic aluminum enclosure is least effective in the entire frequency 

regions because of the lowest mass and stiffness which is well anticipated. 

Fig. 3.20 shows that the conical acoustic enclosures made of steel and brass 

provide the superior sound transmission loss performance effectively in the 

broad frequency regions. These results are well anticipated because both the 

steel and brass have higher stiffness and mass respectively.  
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Table 3.2 Material properties used of a conical acoustic enclosure made 

of different materials 

Material Density  

(kg/m3
) 

Elastic Young’s 

modulus (GPa) 

Poisson’s ratio 

Steel 7850 200 0.3 

Aluminum 2710 69 0.32 

Brass 8525 102 0.35 

 

Moreover, the transmission loss performance of the conical acoustic 

enclosure made of brass is most effective because the brass has the largest 

density which enables it more efficient in the mass-controlled high-

frequency region. 

 

3.6 Conclusions 

This chapter presents an analytical model based on the statistical energy 

analysis (SEA) technique to predict the sound transmission loss of a conical 

shape acoustic enclosure. One of the essential SEA parameters, the 

dissipation loss factor was obtained using the decay rate experimental 

technique for enclosure panels. Another significant acoustic parameter, the 

radiation efficiency was measured for enclosure panels and compared with 

the analytical predictions. The sound intensity experimental technique was 

employed for measuring the sound transmission loss. It was found that the 

analytical predictions demonstrated good agreement with the measured 

transmission loss. The percentage error between predicted and measured 

lower ring frequency was 5.1 % and that for the upper ring frequency was 

0.4 %. The percentage error between predicted and measured critical 

frequency was 2.7 %. The results obtained indicate that the proposed 

analytical model is efficient for predicting the transmission loss of conical 

shape structures.    
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4 Chapter 4 

Prediction of sound transmission loss of 

hemispherical acoustic enclosure  

 

In this chapter, sound transmission loss of the hemispherical shape acoustic 

enclosure (hemispherical shell) is predicted analytically and validated 

experimentally. The Statistical energy analysis (SEA) technique is 

employed to formulate an analytical model for computing the sound 

transmission loss of a hemispherical shell across a wide frequency range. 

The sound intensity experimental method was used to verify the proposed 

SEA formulation. The analytical predictions and the measured transmission 

loss were found to be in good agreement. Based on the proposed SEA 

model, the influence of design variables, the absorption coefficient, 

thickness, radius, and material density on the transmission loss was 

investigated.  

 

4.1 Introduction 

Hemispherical shape acoustic enclosure (hemispherical shell) consisting of 

thin elastic structural panels offer various industrial applications in different 

fields. They are used in aircraft, tanks, undersea vehicles, machine parts, 

and architectural structures. Several numerical approaches were proposed 

based on finite elements (FE) and boundary elements (BE) techniques, in 

order to compute the transmission loss engineering panels [57–61]. The 

transmission loss prediction of structural panels using the statistical energy 

analysis (SEA) method has also gained notable consideration. Numerous 
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research [38,39,48,50,56] focused on investigating the vibration response 

and noise control of structural panels through SEA approach.   

Additionally, few numerical models are developed to study the acoustic 

performance of spherical and hemispherical structures [87,88]. 

Hasheminejad and Mehdizadeh [29] developed an analytical formulation 

using Biot theory along with Havriliak-Negami model to compute the noise 

reduction of multi-layer hemispherical enclosure. Eslaminejad et al. [80] 

presented the experimental and numerical modal analysis to study the modal 

frequencies and mode shapes of a fluid-filled aluminum hemispherical 

shell.  

Less research is done to investigate the sound transmission behavior of 

hemispherical shape structure and gained little attention. With regards to 

model the acoustic performance and predicting the sound transmission loss 

of hemispherical panel, there is only a little reference in a SEA framework. 

The main objective of this chapter is to present an analytical formulation 

using SEA technique for evaluating the sound transmission loss of a 

hemispherical shell. The sound intensity technique is employed to measure 

the transmission loss to validate the proposed SEA model.  

 

4.2 Analytical model of a hemispherical shell 

In SEA method the system to be analyzed is divided into sub-systems. An 

external sound source causes an acoustic excitation and provides the power 

input to each subsystem. The input power is equivalent to the summation of 

dissipation power losses of the subsystems and transmitted power between 

them. In this study a hemispherical shape acoustic enclosure (hemispherical 

shell) is considered.  

The schematic diagram of this hemispherical shell is displayed in Fig. 4.1. 

The spherical coordinate system ( r , , ) is implemented to represent the 

structure. Table 4.1 presents the various parameters of hemispherical shell.  
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Figure 4.1 Schematic diagram of a hemispherical shell 

Table 4.1 Parameters of hemispherical shell 

Symbol System variable Value 

  Mass density 7850 kg/m3 

E  Elastic Young’s modulus  11
2 10 Pa 

  Poisson’s ratio 0.3 

r   Hemispherical radius 0.72 m 

h  Thickness 1.20 mm 

o   Air density 1.21 kg/m3 

oc  Speed of sound in air 343 m/s 

 

It can be noted that the hemispherical shell has insufficient resonant modes 

below the ring frequency [117]. Therefore, to perform SEA the system must 

be divided into resonant and non-resonant sub systems. In the proposed 

SEA model, the hemispherical shell's resonant and non-resonant responses 

have been divided into two subsystems.  
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The SEA model of the hemispherical shell above the ring frequency consists 

of three individual systems coupled together and shown schematically in 

Fig. 4.2.  

 

Figure 4.2 Schematic illustration of the energy flow paths of the 

hemispherical shell above the ring frequency 

The resonant hemispherical shell is represented as subsystem 2, and 

subsystem 1 is regarded as the shell cavity of the hemispherical shell, which 

is the internal sound field of the shell, while the receiving room is 

considered as subsystem 3. The SEA formulation is developed through 

consideration of resonant power transmission between the resonant 

hemispherical shell and the acoustic spaces (shell cavity and receiving 

room). Also, there is non-resonant power transmission between two 

acoustic spaces. Inside the shell cavity, an acoustic sound source is placed 

and vibrating the shell by generating an interior sound field. As a result, 

sound is transmitted into space outside of the exciting shell. Since the sound 

source is located inside the hemispherical shell. only subsystem 1 receives 

an input power; thus, no power supply into the other subsystems.  

A 3 3 matrix equation is essential to formulate the power supply in a 

three-element acoustic system, presuming that the power flow is 

proportional to the difference of modal energy of linked subsystems. It is 

assumed that the losses due to internal damping of subsystem i is greater 

than the coupling loss factors coupling it to other subsystems and neglecting 

the coupling loss factor in the total dissipation of subsystem i . 

The subsystem 1, subsystem 2, and subsystem 3 power flow equations are 

stated as follows: 

1 1 21 2 31 3  d
inn E n E n E P  − − =                                                                     (4.1) 
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2 2 12 1 32 3   0dn E n E n E  − − =                                                                       (4.2)                                                                      

3 3 13 1 23 2   0dn E n E n E  − − =                                                                       (4.3)           

where, 2 f = is the angular frequency, inP is the exterior acoustic input 

power to subsystem 1, iE is the subsystem i mean acoustic energy, 
d
in  is 

the dissipation loss factors of subsystem i. ijn  is the coupling loss factor 

between subsystem i and subsystem j. 

The reciprocity rule is adopted to calculate the coupling loss factor in 

opposite direction between resonant subsystems [31,34]:  

 ij i ji jn n n n=                                                                                               (4.4) 

where in and jn are signified as modal density parameter of subsystem i and 

j, that depends on the frequency and explains as the total modes which are 

resonant per unit band of frequency. 

Eqs. (4.1), (4.2) and (4.3) are reorganized in the matrix equation. Therefore, 

the matrix equation for the SEA model of hemispherical shell above the ring 

frequency can be written as follows: 

1 21 31 1

12 2 32 2

13 23 3 3

   0  

0

d
in

d

d

n n n E P

n n n E

n n n E



 − −    
     
− − =    

    − −    

                                                    (4.5) 

The mean acoustic energy of each subsystem is estimated by inverting the 

coefficient matrix of Eq. (4.5).  

Therefore, the ratio of mean acoustic energy of the shell cavity to mean 

acoustic energy of the receiver room above the ring frequency can be 

obtained as: 

1 2 3 23 32

3 12 23 2 13

d d

d

E n n n n

E n n n n

−
=

+                                                                                  (4.6) 
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The SEA model of the hemispherical shell below the ring frequency consists 

of three individual systems coupled together and shown schematically in 

Fig. 4.3. The non-resonant hemispherical shell is represented as subsystem 

4, and subsystem 1 is regarded as the shell cavity of the hemispherical shell, 

while the receiving room is considered as subsystem 3.  

 

Figure 4.3 Schematic illustration of the energy flow paths of the 

hemispherical shell below the ring frequency 

The non-resonant structural response of the hemispherical shell is directly 

linked to the acoustic spaces, which are not directly connected. The power 

flowing equations of subsystem 1, subsystem 4, and subsystem 3 are 

scripted in the same way as the SEA model of the hemispherical shell above 

the ring frequency. Thus, the SEA matrix equation for the SEA model below 

the ring frequency can be written as follows: 

1 41 1 1

14 4 34 4

43 3 3

0

   0  

0 0

d
nr

d

d

n n E P

n n n E

n n E



−
 −    
     
− − =    

    −    

                                                    (4.7) 

where, 1 nrP− is the acoustic power that induces the non-resonant wave 

response, which is given as: 

1 nr inP P− =                                                                                              (4.8)       

where, is the transmission coefficient based on mass law, which can be 

obtained as [30,35]:  

2

2

ln 1
o o

o o

f h

c

f h

c

 




 



  
 +  
   =
 
 
 

                                                                             (4.9) 
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By inverting the coefficient matrix of Eq. (4.7), each subsystem’s mean 

acoustic energy is computed. Therefore, the ratio of the mean acoustic 

energy of shell cavity to the mean acoustic energy of the receiver room 

below the ring frequency can be obtained as: 

1 3 4 34 43

3 14 43

d dE n n n n

E n n

−
=                                                                                 (4.10) 

4.2.1 SEA parameters computation 

To estimate the analytical transmission loss of a hemispherical shell, the 

key SEA parameters (modal density and loss factors) are imperative to 

estimate.  

4.2.1.1 Modal density 

The modal density of the hemispherical shell cavity is given by [33]:  

2

1
1 3

4

o

f V
n

c


=                                                                                              (4.11) 

where, 1V is the shell cavity volume.    

The modal density of the resonant hemispherical shell is expressed by [117]: 

( )

2 2

2

r 
2

  0                                                        ,  

   3
             

/ 1

r

L
r r

f f

n r f
f f

hc f f f





  

=      
−  

                                  (4.12)          

where, rf is the ring frequency of the hemispherical structure, LC is the 

panel longitudinal wave speed, expressed as: 

2
C =  

(1 )
L

E

 −
                                                                                      (4.13)    

The modal density of the reception room is expressed by [53]

                                           

2
3 3 3

3 3 2

4

82 oo o

f V fS P
n

cc c

 
= + +                                                              (4.14) 
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where, 3V , 3S and 3P  respectively, are the volume, surface area, and the 

total edge length of the receiving room. 

4.2.1.2   Dissipation loss factor 

The loss factor due to dissipation for the hemispherical shell cavity is given 

as follows [44]:  

1
1

1

,  
4

γod S c

V
n


=                                                                                          (4.15)    

where, γ  is the hemispherical shell's internal absorption coefficient, 

4
γ = 1.8 10 f

−
   (least value) when no acoustic treatment inside the cavity 

is considered.  

Since there is no accurate theoretical formula for determining the loss factor 

owing to dissipation, the hemispherical shell’s dissipation loss factor was 

calculated through the decay rate approach. 

The dissipation loss factor of receiving space is given as [34]:  

0

3

6

2.2dn
fT

=                                                                                               (4.16) 

where, 60T is the reverberation time of the receiving acoustic space, which 

is computed using the given expression: 

3
60

3

55.26

o

V
T

c S
=                                                                                        (4.17)    

4.2.1.3 Coupling loss factor 

The coupling loss factor from resonant subsystem 2 to two acoustic spaces 

is given as [44]:  
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c
f f

f h
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
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
= = 
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

 (4.18)                                                                                                                                                                                                                                                                                 

where, o is the air density, 2 is the hemispherical shell’s radiation 

efficiency and measured experimentally. Since there is no analytical 

expression available to estimate the radiation efficiency of the 

hemispherical shell. 

The coupling loss factor between two acoustic spaces is obtained as [30,35]:  

13

18

oc S
n

fV



=                                                                                             (4.19)     

where, S  is the total surface area of the hemispherical shell.                                                                                                                                                                                                                                                                                                                                                                                                                                                                                                                                                        

The coupling loss factor between acoustic spaces to the non-resonant 

subsystem 4 is expressed as [38]:  

( )14 4 12 1 / 8d
on Sc n a fV = +                                                            (4.20)                                                           

( )34 4 32 1 / 8d
on Sc n a fV = +         (4.21)                                                                                                                                                                                                                                                                                                                                                                                                                                                                                                                       

where, 
2 o o

h
a

c

 


= , 

The loss factor due to coupling from the non-resonant subsystem 4 to the 

acoustic spaces is expressed by the given relation [38]:  

41 43
2

o oc
n n

f h



 
= =                                                                   (4.22)   

4.2.2 Ring and critical frequencies 

The ring frequency and critical frequency significantly characterizing the 

acoustic behavior of a hemispherical shell. The ring frequency rf  is 

described as the parameter at which the longitudinal wavelength is 

equivalent to the hemisphere circumference and related to the structural 

breathing mode resonance condition.     
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Another significant parameter, the critical frequency (lower limiting 

coincidence frequency), cf  is the frequency at which the speed of panel 

flexural waves is equal to the speed of acoustical sound waves in the 

medium of air.  

The ring frequency and the critical frequency are given by Refs.[2,31,117]:  

,
2

L
r

c
f

r
=                                                                                             (4.23)   

2
12

,
2

o
c

L

c
f

hc
=                                                                                          (4.24)        

4.2.3 Noise reduction (NR) 

The difference in sound pressure level between the internal and external 

sound fields of the structure is called noise reduction.  

The average acoustic energy iE  of the acoustic space is related to the 

acoustic pressure ip  is given as [2,45]:  

2

2

i i
i

o o

p V
E

c
=                                                                                          (4.25)                                                                         

where, iV  is the volume of the acoustic space. 

Therefore, NR of the hemispherical shell in decibels (dB) can be obtained as 

follows: 

1 1
10

3 3

10log
E V

NR
E V

 
=  

 
                                                                        (4.26)                                                                          

Hence, the noise reduction of the hemispherical shell above the ring 

frequency can be calculated using Eq. 4.6 and Eq. 4.26. Similarly, the noise 

reduction of the hemispherical shell below the ring frequency can be 

computed using Eq. 4.10 and Eq. 4.26.     
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4.2.4 Transmission loss (TL) 

The acoustic performance of a hemispherical shell is characterized by TL , 

which is the significant and relevant acoustic indicator.  

It is dissimilar to NR  that is induced through the structural and absorbent 

properties of acoustic space. The sound transmission loss is influenced by 

the structural vibration parameters, principally the stiffness, mass, and 

damping.  

Thus, TL  is expressed in decibels (dB) and theoretically obtained as [32]: 

10

3

10log
S

TL NR
S

= +                                                                           (4.27)   

Thus, the transmission loss of the hemispherical shell above the ring 

frequency can be calculated using Eqs. 4.6, 4.26, and 4.27. Similarly, the 

transmission loss of the hemispherical shell below the ring frequency can 

be computed using Eqs. 4.10, 4.26, and 4.27.    

   

4.3 Experimental studies 

The experimental measurements were performed in the soundproof 

chamber to validate the presented SEA model. The volume, total surface 

area, and the total edge length of the soundproof chamber are 16 m3 and 38 

m2, and 30 m, respectively. The experiments were conducted on a 

galvanized steel hemispherical shell with the same dimensions as those used 

in the analytical modeling.  

4.3.1 Dissipation loss factor measurement 

The hemispherical shell's dissipation loss factor are determined through the 

experimental decay rate method based on the transient response theory of 

resonant modes [33].  
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The decay rate method is employed to the measurement of the damping of 

a single resonant mode or the average damping of a group of modes 

resonating in a frequency band. The initial excitation to the structure is 

given by an impulsive source that is suddenly released. The initial slope of 

the decay after the excitation stops is proportional to the net effective loss 

factor of the structure.  

The dissipation loss factor of a structure is related to time-averaged decay 

time through the following relation [33]: 

 
1/2

0.22d
in

fT
=                                                                                    (4.28)            

where, 1/2T is the time-averaged decay time which is defined as the time 

required for the response amplitude to decay by half.    

The schematic and photographic views of the test arrangement for 

evaluating the dissipation loss factor of the hemispherical structure are 

demonstrated in Figs. 4.4 and 4.5, respectively.  

During the test, the hemispherical shell was hung freely by light strings and 

provided the excitation through the impulse hammer [Modal: Dytran 

5800B4 series], which has a sensitivity of 2.25 mV/N. The LMS (Leuven 

Measurement Systems) data acquisition analyzer of 16-channel was 

connected to lightweight accelerometers (PCB356A16 series) of sensitivity 

of 100 mV/g, PC and the impulse hammer.  

At several positions on the accelerometer, the decay characteristic of the 

hemispherical structure was evaluated. The test was performed repeatedly, 

and nine impacts were executed at several locations of the sensor to achieve 

accurate and consistent findings. Subsequently, mean averaging decay time 

was recorded. 
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Figure 4.4 Schematic diagram of the experimental setup (decay rate 

technique) to measure the dissipation loss factor of hemispherical shell 

 

Figure 4.5 Photographic view of the experimental setup (decay rate 

technique) to measure dissipation loss factor of hemispherical shell 

Fig. 4.6 illustrates the hemispherical shell's time-averaged dissipation loss 

factor at 1/3 octave bands. For more precise results, the tested dissipative 

loss factor was employed for the transmission loss prediction of 

hemispherical shell. 
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Figure 4.6 Experimental dissipation loss factor: hemispherical shell 

4.3.2 Radiation efficiency measurement 

The sound radiation efficiency is a significant acoustic parameter that 

characterizes the sound radiation properties of the panel.  

The radiated sound power rW , shell mean square velocity
2

v , and area 

of radiating surface S , all have a mathematical relationship [1,120]:  

2
  ,r

o o

W

c S v



=                                                                                  (4.29)                                                       

To compute the experimental radiation efficiency of the hemispherical 

shell, it is important to test the mean square velocity and radiating sound 

power from the shell. The acoustic excitation was supplied to the 

hemispherical shell through an omnidirectional sound source [Model: 4292‐

L, Brüel & Kjær system] placed inside the shell cavity. The sound power 

radiated from the shell was measured utilizing the pp-type sound intensity 

probe through the discrete point technique.  
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Simultaneously, the vibration responses were obtained at different positions 

on the shell using the PCB356A16 series lightweight accelerometers. Then, 

the radiation efficiency of the hemispherical shell was measured based on 

Eq. (4.29). The response of the measured vibration time history is shown in 

Fig. 4.7 for the hemispherical shell. 

 

Figure 4.7 Measured vibration response of the hemispherical shell 

 

4.3.3 Transmission loss measurement using sound intensity technique 

The sound intensity method is subjected to determine the sound intensity of 

the internal sound source and the transmission sound intensity from the 

shell. 

The sound transmission loss is calculated experimentally using the formula 

presented [53]:  

   1010log in

t

I
TL

I

 
=  

 
                                                                       (4.30)                                                                        

where, inI and tI are correspondingly the incident and transmission sound 

intensity.  

It was necessary to compute the sound transmission loss of the 

hemispherical shell using Eq. (4.30) to examine the performance of the 
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hemispherical shell and the accuracy of the developed formulation. The 

schematic sketch and the photographic views of the test setup are 

demonstrated in Fig. 4.8 and Fig. 4.9, respectively, where the sound is 

produced inside the cavity of the hemispherical shell. A sound source was 

employed to excite the shell cavity acoustically to evaluate the transmission 

loss. The sound source was situated in the centre of the shell and causing 

the white-noise excitations to produce the diffuse internal sound field. The 

tested sound transmission loss is determined by the sound intensity 

approach. The sound intensity approach involves measuring the spatial 

mean sound intensity over the hemispherical shell and determining the noise 

source's incidence sound intensity. The sound intensity was tested with a 

sound intensity probe (G.R.A.S type 50 GI-R), which was coupled to the 

LMS analyzer for data acquisition and a computer. 

 

Figure 4.8 Schematic measurement setup to evaluate the transmission loss 

of a hemispherical shell  
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Figure 4.9 Photographic view of the measurement setup to evaluate the 

transmission loss of a hemispherical shell through the sound intensity 

experimental approach 

As shown in Fig. 4.10, the probe was made up of two 1/2-inch microphones 

that were separated by a spacer and phase-matched. During the experiments, 

four different spacers were utilized to keep the microphone spacing at 12 

mm, 25 mm, 50 mm, and 100 mm to cover the wide range of frequencies. 

 

 

Figure 4.10 Sound intensity probe with interchangeable solid spacers 

By separating the shell surface into different segments, the sound intensity 

was tested according to the international standard ISO 9614-1 discrete point 
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technique [111]. To acquire more precise and consistent findings, each 

segment was tested two times by replacing various spacers. The sound 

intensity was evaluated at a distance of 0.05 m from the shell area.  

Fig. 4.11 depicts the tested sound power of the hemispherical shell's interior 

sound field at 1/3 octave frequency bands. 

 

Figure 4.11 Experimental sound power of the interior sound field 

4.4 Results and Discussion 

The measured radiation efficiency of the hemispherical shell at the 1/3 

octave band centre frequencies is depicted in Fig. 4.12. The hemispheric 

shell's radiation efficiency features two substantial peaks, as seen in Fig. 

4.12, which are well expected. The first peak occurs at the hemispherical 

shell's ring frequency, that is related to the structural breathing mode 

resonance state. The measured ring frequency is 1250 Hz, whereas the ring 

frequency computed using Eq. (4.23) is 1170 Hz. The second peak appears 

at about 10000 Hz, the hemispherical shell's critical frequency, whereas the 

critical frequency computed by Eq. (4.24) is 10215 Hz. At the ring and the 

critical frequencies, the hemispherical shell's radiation efficiency has a large 

amplitude. The results show that the hemispherical shell radiates 
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insufficiently, with the exception of the ring and critical frequencies, which 

have higher sound radiation.  

 

Figure 4.12 Experimental radiation efficiency of the hemispherical shell 

The measured sound power radiated through the hemispherical shell is 

plotted in Fig. 4.13 and compared to analytical predictions at one-third 

octave bands' centre frequency. The experimental and analytical results are 

in reasonably good agreement. 
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Figure 4.13 Comparison of analytical and experimental radiating sound 

power of the hemispherical shell 

The sound power radiated from the hemispherical shell increases in the low 

and medium frequency ranges below the critical frequency according to 

mass law sound transmission. Moreover, in this frequency range, the 

radiated sound power is controlled through the mass per unit surface area of 

the shell. The hemispherical shell radiates inadequately excluding at the 

ring and critical frequencies due to large acoustical excitation of the 

hemispherical structure in the resonance mode. It exhibits a greater 

radiation efficiency at the respective frequencies of 1250 Hz and 10000 Hz, 

which are respectively the ring and critical frequency of the hemispherical 

shell. The difference between the experimental results and analytical 

predictions between 100 Hz and 10000 Hz may be presumably due to 

limited number of measurement points.  At 1/3 octave frequency band, Fig. 

4.14 compares the analytical results with the tested transmission loss of a 

hemispherical shell. The analytical and experimental data indicate a similar 

pattern, and the observed transmission loss matches the analytical results 

quite well.  
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It can be highlighted that during the design and assessment steps of such 

panels, sound transmission computation at the ring and critical frequencies 

is more influential. 

The presented SEA model and the experimental results, as expected, exhibit 

two distinct drops in the transmission loss plot seen in Fig. 4.14. 

 

 

Figure 4.14 Comparison of analytical and measured results for 

transmission loss of the hemispherical shell 

The first drop occurs at 1250 Hz, which is the hemispheric shell's ring 

frequency. The ring frequency is significantly linked to the structural 

breathing mode of hemisphere resonance closest to 1170 Hz, as determined 

using Eq. (4.23). The second drop occurs at 10000 Hz, corresponding to the 

hemispherical shell's critical frequency and nearest to the calculated result 

around 10215 Hz as determined using Eq. (4.24). The Sound transmission 

loss rises from the lower range of frequency to the ring frequency, where 

the structural breathing mode of hemisphere resonance causes a sudden 

reduction, as demonstrated in Fig. 4.14. The transmission loss then 

increases until it reaches the hemispheric shell's critical frequency.  
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The theoretical curve's tendency is to be expected, which increases across 

the low and medium range of frequencies according to mass law 

transmission and governed through structure's mass per unit surface area in 

these frequency range. Because of enhanced radiation efficiency and a 

significant shell excitation in a resonance situation, as the frequency of 

incident sound waves approaches the critical frequency, around 10000 Hz, 

a sudden dip appears. In this situation, the amplitude of shell vibration is 

equivalent to the amplitude of the displacement of the air particles 

associated with the impinging sound wave. Above the critical frequency, 

sound transmission is greatly controlled by the frequency of incident sound 

waves and structural dampening, both of which limit the structure's sound 

radiation characteristics. To determine the acoustic performance and sound 

radiation properties of the hemispherical shell, an accurate prediction of the 

ring frequency and critical frequency is essential. The error of percentage 

between predicted and computed ring frequency is 6.8 %, and that for the 

critical frequency is 2.1 % that, indicates that the analytical and 

experimental investigations are in reasonably good agreement.  

 

4.5 Parametric study 

Parametric studies are conducted to examine the usefulness of many design 

factors in improving the hemispherical shell's acoustic performance and 

transmission loss. 

4.5.1 Influence of the absorption coefficient 

The shell's absorption coefficient substantially impacts transmission loss 

efficiency. Compared to a smaller internal absorption coefficient (

41.8 10 f− ), Fig. 4.15 shows that using a greater internal absorption 

coefficient (
43.6 10 f− )  inside the shell cavity effectively increases the 

transmission loss. Sound transmission loss is increased to 3 dB by doubling 

the internal absorption coefficient, as shown in Fig. 4.15. 
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Figure 4.15 Effect of the absorption coefficient on the transmission loss of 

the hemispherical shell 

4.5.2 Effect of thickness 

It can be observed from Fig. 4.16 for the thickness, the locations of the 

critical frequencies significantly affect the sound transmission performance. 

 

Figure 4.16 Effect of the thickness on the transmission loss of the 

hemispherical shell 
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In this regards, it can be seen that greater transmission loss can generally be 

achieved in the low and middle frequency region by shifting these 

frequencies towards left from 10000 Hz to 5000 Hz for the case of doubling 

the thickness. Therefore, regardless other design limitations, an 

enhancement in the thickness can improve the sound insulation 

performance of the hemispherical shell in the low and intermediate 

frequency range. Fig. 4.16 shows that doubling the thickness resulted in a 4 

dB rise in transmission loss below the 3150 Hz frequency range. In a 

practical application, the shell has to be designed only a thick as required 

because of the design constraint in the weight, costs and construction 

procedure. The type of analysis, developed in this work is significantly 

useful in such a situation.  

4.5.3 Effect of radius 

As seen in Fig. 4.17, a larger radius reduces transmission loss of a 

hemispherical shell, mainly due to the hemisphere's curvature effect on its 

stiffness and greater surface area.   

 

Figure 4.17 Influence of radius on the transmission loss of the 

hemispherical shell 
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A large radius of a structure will have a panel of smaller stiffness, which 

also act as an effective radiator because of large surface area. As a result, 

the hemispheric surface transmits acoustic energy more effectively. 

Therefore, during the hemispherical shell's design stage, this significant 

parameter should be given additional consideration. 

4.5.4 Effect of various materials 

Fig. 4.18 depicts the impact of various materials on the hemispherical shell's 

transmission loss. Steel, aluminum, and copper were chosen for the 

comparison, with material density listed in Table 4.2. 

Table 4.2 Hemispherical shell material properties 

Material Density (kg/m3
) 

Steel 7850 

Aluminum 2710 

Copper 8960 

 

As can be observed from Fig. 4.18, that the transmission loss of an 

aluminum-made hemispherical shell is the least effective across the entire 

frequency range due to its low mass and stiffness. 
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Figure 4.18 Influence of various materials on the sound transmission loss 

of the hemispherical shell 

It is noted that low frequency region is controlled by stiffness while the 

higher frequency range is governed by mass law. Fig. 4.18 demonstrates 

that the steel and copper made hemispherical shell effectively provides the 

superior transmission loss in a broad frequency range because both the steel 

and copper have greater mass and stiffness properties. Therefore, without 

consideration of other design constraints, steel or copper can be chosen as 

the material of the shell in order to increase the sound insulation. 

4.6 Conclusions 

This chapter proposes an analytical model for predicting the sound 

transmission loss of hemispherical shells using the SEA technique. The 

analytical formulation models the hemispherical shell in a broad frequency 

region. The significant SEA parameters involved in the analytical 

formulation of the hemispherical shell, such as modal density and coupling 

loss factor, are computed. The dissipation loss factor and radiation 

efficiency of the hemispherical shell are measured experimentally. The 
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sound transmission loss of the hemispheric shell is measured using the 

sound intensity experimental approach.  

The analytical results agree with the experimental results and accurately 

evaluate the hemispherical shell's ring and critical frequency. The 

percentage error between predicted and computed ring frequency is 6.8 %, 

and that for the critical frequency is 2.1 %. Based on the proposed SEA 

technique, parametric studies were conducted. The influence of design 

parameters such as the internal absorption coefficient, thickness, radius, and 

different panel materials on the transmission loss was investigated. It was 

found that the greater transmission loss of hemispherical shell can be 

achieved using a higher absorption coefficient inside the shell cavity. 

Further, it was shown that the sound insulation performance of the 

hemispherical shell increases with the increases of shell thickness in the low 

and intermediate frequency range. Moreover, it was demonstrated that the 

larger radius reduces transmission loss of a hemispherical shell. It was 

found that the steel and copper made high density hemispherical shell 

effectively provides the superior transmission loss in a wide frequency 

range compared to that of low-density material. 
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5 Chapter 5 

Experimental study of sound transmission loss 

of different shapes acoustic enclosures 

 

In this chapter, an experimental study is performed to study the impact of 

different shapes of enclosure on sound transmission loss using sound 

intensity technique. There is a need to determine the acoustic performance 

of enclosures due to the commercial demand for quieter systems of limited 

space. Four different shapes of enclosures (rectangular, cylindrical, conical, 

and hemispherical) are chosen for investigating transmission loss. The 

results obtained show that the acoustic enclosure of the hemispherical shape 

is efficient in improving the acoustic performance of the enclosure and 

provides a maximum transmission loss of about 41.85 dB. The presented 

experimental results can also be utilized as reference data for more 

analytical and numerical investigation. 

 

5.1 Introduction 

Assessment of sound transmission behavior is usually needed during the 

development and assessment phases of acoustic enclosures. Ensuring 

adequate transmission loss with enclosed noise sources is a significant 

factor in determining enclosures' acoustic efficiency. Many numerical and 

experimental studies are performed to investigate effectiveness of the 

acoustic enclosures [43,62–64,72,89,121,122]. However, they fail to study 

the influence of the shapes of enclosures on the sound transmission. Several 

approaches and computer simulations concern the analysis of internal sound 

field of different shapes of enclosures, but they are complex and difficult to 

implement by designers. Due to the intensive demand of the various 

industrial applications for quieter systems and suppressing the noise source 
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in a limited space, there is a need to determine the acoustic performance of 

enclosures. Moreover, less research has been done to investigate the 

influence of different shapes of enclosures of the same volume on the 

transmission loss and received little consideration.  

The objective of this paper to investigate the sound transmission 

performance of different shape enclosure of same volume employing the 

sound intensity method. In order to study the impact of shape on the sound 

transmission loss, four different shapes of enclosure are chosen 

(rectangular, cylindrical, conical, and hemispherical). The present study 

will help to select an optimal shape of the enclosure and curb the noise 

problem of the acoustic enclosure when there is a space constraint. 

 

5.2 Experimental studies 

In order to explore the transmission loss of different shapes of acoustic 

enclosures of the same volume, the experiments were performed in the 

soundproof chamber. The soundproof chamber's volume and total surface 

area are 16 m3 and 38 m2, respectively.   

Sound transmission loss is calculated experimentally using the formula 

presented [2,53]: 

1010log in

t

I
TL

I

 
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 
                                                                            (5.1)                                                                   

where, inI and tI are correspondingly the incident and transmission sound 

intensity.  

A schematic sketch of different shapes of acoustic enclosure is displayed in 

Fig. 5.1. Table 5.1 presents the parameters employed for the acoustic 

problem of different shapes of acoustic enclosure. To study the enclosure's 

acoustic performance, the transmission loss was determined adopting the 

sound intensity experimental approach based on Eq (1).   
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Figure 5.1 A schematic sketch of the acoustic enclosure: (a) Rectangular 

enclosure (b) Cylindrical enclosure (c) Conical enclosure (d) 

Hemispherical enclosure 

Table 5.1 Dimensions and material properties utilized for the acoustic 

problem of different shapes of enclosure 

Material 

property 

Acoustic enclosure shape 

Rectangular Cylindrical Conical Hemispherical 

Mass density  7850 kg/m3 

 Young’s 

modulus  

11
2 10 Pa 

Poisson’s ratio  0.3 

Thickness 1.20 mm 

Volume  0.8 m3 

 

The photographic view of the experimental arrangement for evaluating the 

transmission loss of rectangular shape acoustic is demonstrated in Fig. 5.2. 
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In order to measure the transmission loss of cylindrical, conical and 

hemispherical shapes of acoustic enclosure, similar experimental setup was 

employed as depicted in Fig. 5.2. To determine the transmission loss, the 

enclosure's internal volume was excited acoustically through an internal 

noise source. Inside the enclosure cavity, an acoustic sound source produces 

an interior sound field which excites the enclosure panel. The exciting panel 

thus transmits sound into externally to the enclosure, that is reception room.  

To produce the acoustic sound power, the omnidirectional sound source was 

located in the centre of the enclosure and supplied through white-noise 

excitations.   

 

Figure 5.2  Experimental setup to evaluate the transmission loss of 

rectangular acoustic enclosure 

The incident sound intensity evaluation of the sound source as well as the 

transmission sound intensity was tested using the sound intensity approach. 

Thereafter, sound transmission loss is determined. The sound intensity was 

tested with a sound intensity probe (G.R.A.S model 50 GI-R), which was 

coupled to the LMS analyzer for data acquisition and a computer.  
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The probe was made up of two 1/2-inch microphones that were separated 

by a spacer and phase-matched. During the experiments, four different 

spacers were utilized to keep the microphone spacing at 12 mm, 25 mm, 50 

mm, and 100 mm to cover the wide range of frequencies. By separating the 

enclosure surface into different segments, the sound intensity was tested 

according to the international standard ISO 9614-1 discrete point technique 

[111]. To acquire more precise and consistent findings, each segment was 

tested two times by replacing various spacers. The sound intensity was 

evaluated for a distance of 0.05 m from the surface area.  

 

5.3 Results and Discussion 

The experimental results of the measurements performed on different shape 

acoustic enclosures utilizing the sound intensity approach are presented in 

this section. The curve drawn in Fig. 5.3 depicts the overall values of sound 

power level radiated from different shapes of acoustic enclosures.  

 

Figure 5.3 Radiated sound power level comparison of different shapes of 

acoustic enclosures 
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The overall value of sound power level radiated from the rectangular shape 

enclosure is 86.60 dB which is maximum. Compared to the rectangular, 

cylindrical, and conical shape enclosure, the lowest overall sound power 

level emitted is observed for the case of hemispherical shape enclosure, 

which is 58.46 dB.  

Fig. 5.4 shows the overall value of transmission loss of various shapes 

enclosures.  

 

 

Figure 5.4 Comparison of the sound transmission loss of different shapes 

of acoustic enclosures 

It can be seen that the hemispherical shape enclosure demonstrates efficient 

acoustic performance and causes a higher transmission loss of 41.85 dB. It 

is seen directly from Fig. 5.4 that the rectangular shape acoustic enclosure 

has the least effective transmission loss compared to the enclosure built up 

of curved panels. The rectangular shape enclosure produces a transmission 

loss of 13.71 dB, whereas cylindrical and conical shape enclosures cause 

transmission loss of 19.79 dB and 35.12 dB, respectively. It can be noted 

that a cylindrical shape enclosure results in 6.08 dB transmission loss 

compared to a rectangular shape enclosure.  
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The conical shape enclosure produces a transmission loss of 21.41 dB in 

comparison to the rectangular shape enclosure. It can be observed that the 

hemispherical shape enclosure yields 28.14 dB greater transmission loss 

than the rectangular shape enclosure. Fig. 5.4 depicts that hemispherical 

shape enclosure has a more significant transmission loss of 22.06 dB and 

6.73 dB, respectively in comparison to cylindrical and conical shape 

enclosures. The enclosure shape has a direct influence on the transmission 

loss of the enclosure and demonstrated in Fig. 5.4. With an increase in the 

frequencies of the standing wave resonance, the enclosure cavity shapes 

effects not only the acoustic resonance of the enclosure's internal sound 

field, but also the standing wave magnitude.  

The 1/3 octave study is conducted to investigate the influence of shapes of 

acoustic enclosure in the different frequency bands, as displayed in Fig. 5.5.  

 

Figure 5.5 Transmission loss comparison of the different shapes of 

acoustic enclosures at 1/3 octave bands 

The cylindrical shape enclosure has a more significant transmission loss at 

the low-frequency ranges between 100 Hz to 400 Hz compared to the 

rectangular shape enclosure.  
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Compared to the conical shape enclosure, it can be demonstrated in Fig. 5.5 

that the hemispherical shape enclosure has a higher transmission loss in the 

low-frequency range between 100 Hz to 1250 Hz and increases significantly 

for the high-frequency region through 1600 Hz to 12500 Hz. The 

hemispherical shape of acoustic enclosure has superior acoustic 

performance in comparison to cylindrical, conical, and rectangular shape 

enclosures in the entire frequency bands as indicated in Fig. 5.5.   

It is clear from the experimental evaluation of transmission loss of enclosure 

of constant volume that the hemispherical shape acoustic enclosure is 

efficient to improve the noise reduction of the enclosure.  

 

5.4 Conclusions 

This chapter presents an experimental study to investigate the transmission 

loss of four different shape enclosures viz. rectangular, cylindrical, conical 

and hemispherical. The volume of all the shapes has been kept the same. 

The sound intensity approach is adopted to determine the transmission loss 

of enclosures in wide frequency range. The experimental study shows that 

the acoustic enclosure of hemispherical shape provides maximum 

transmission loss as compared to rectangular, cylindrical, and conical shape 

enclosures of the same volume.  
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6 Chapter 6 

Experimental study of sound-absorbing 

material of different surface shapes on noise 

reduction performance of an acoustic enclosure 

 

In this chapter, an experimental work is presented for investigating the 

influence of sound-absorbing material of different surface shapes on the 

noise reduction of an acoustic enclosure. The polyurethane foam (PU) is 

considered as a sound-absorbing material in the present study. The 

commercially available acoustic material of three surface shapes, i.e., plane, 

wedge, and pyramid surface are chosen for the analysis. The presented 

experimental results can also be utilized as reference data for more 

analytical and numerical investigation. 

 

6.1 Introduction 

Noise pollution of the factory and the industrial workspace is a serious 

concern. The environment of intense noise plays a major role in a worker's 

performance. The high exposure to noise not only impacts the adverse 

effects on psychological health but also cause hearing damage, poor voice 

communication, and impaired efficiency [123] . The noise generated from 

cutting tools during machining is one of the main sources of noise in the 

factory workspace such as portable saw, spindle, drilling machine [124–

126]. The acoustic enclosure is one of the most important engineering 

designed structures for modifying the sound transmission path and 

suppressing the airborne noise effectively by adding sound-absorbing 

materials [28,51,127]. Cole et al. [35] and many other researchers 

[36,37,43,44,128] demonstrated theoretically and experimentally the 
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effectiveness of acoustic absorbing materials on the noise reduction 

characteristics for the acoustic enclosure made of different materials. Cao 

et al. [129] and several other researchers [11,76,130] predicted analytically 

and experimentally the noise reduction capability of engineering structures 

by incorporating the acoustic absorbing materials in the studies.  

It is shown that the implementation of sound-absorbing materials has a 

significant role in the noise control of an enclosure and other complex 

structures. Airborne noise transmission can be diminished by adding the 

sound-absorbing material which is directly linked with the energy of the 

acoustic waves. The noise reduction performance of acoustic enclosure 

depends on many factors such as material, geometry, panel thickness, 

location of the source, the thickness of sound-absorbing material.  

In the present chapter, an experimental work is presented for investigating 

the influence of sound-absorbing material of different surface shapes on the 

noise reduction of an acoustic enclosure. The polyurethane foam (PU) is 

considered as a sound-absorbing material in the present study. The 

commercially available acoustic material of three surface shapes, i.e., plane, 

wedge, and pyramid surface are chosen for the analysis. 

 

6.2 Experimental study 

The acoustic performance of an acoustic enclosure is defined in terms of 

noise reduction which is defined as the difference of sound pressure level 

of unenclosed noise source and the enclosed noise source [2,89]. The 

various commercially acoustic materials used in the experimental work are 

shown in Fig. 6.1. The thickness of the polyurethane foam employed for the 

study is 50 mm. The initial noise level of the noise sources was measured 

without an enclosure to have a reference value for comparison purposes. 

Thereafter all the iterations have been implemented according to Table 6.1. 

The noise measurement was conducted in the Noise and Vibration Control 

laboratory at IIT Indore. 



117 
 

 

Figure 6.1 Polyurethane sound-absorbing material of various shapes (a) 

Plane (b) Wedge (c) Pyramid 

Table 6.1 Different conditions of noise measurement 

Condition  Measurement detail of acoustic enclosure 

Case -1 Enclosed source 

Case -2 Enclosed source with plane shape PU foam 

Case -3 Enclosed source with wedge shape PU foam 

Case -4 Enclosed source with pyramid shape PU foam 

 

A rectangular acoustic enclosure made of steel material was employed in 

the experimental work. The enclosure has dimensions of 1 m × 0.8 m × 1 m 

and the thickness of each panel was 1.20 mm. The polyurethane foam of 

different shapes was used in the study. Four piezotronics microphones (PCB 

made) were employed around the enclosure. The sound pressure level (SPL) 

measurement is taken at a distance of 1 meter for each surface of the 

enclosure. The spatial mean average value of the sound pressure level was 

taken. The measurement data was acquired using the 16 channel LMS data 

acquisition system in the range of frequency between 63 Hz to 8000 Hz of 

1/3 octave band. Noise radiated by the cutting tools is the prime cause of 

noise pollution in the factory environment. In the present study, therefore 

hand-held circular saw of model GKS 7000 with a rated power input of 

1100 watt is considered as a noise source for the experimental work which 

is shown in Fig. 6.2.  The measurement set-up and photographic views for 
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the implementation of PU foam are shown in Fig. 6.3. and Fig. 6.4.  

respectively. 

 

Figure 6.2  Noise source: Handheld circular saw 

 

 

Figure 6.3 Insertion loss measurement setup using microphones (1-4) with 

LMS data acquisition system and noise source inside the enclosure 
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Figure 6.4 The photographic views for the implementation of PU foam: 

(a) Enclosed source with plane shape PU foam, (b) Enclosed source with 

wedge shape PU foam, (c) Enclosed source with pyramid shape PU foam 

 

Fig. 6.5 shows the sound power level (SWL) spectrum of the handheld 

circular saw. 

 

 

Figure 6.5  SWL spectrum of the handheld circular saw 

 

Fig. 6.6 shows the sound pressure level (SPL) spectrum of the handheld 

circular saw. 
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Figure 6.6 SPL spectrum of the handheld circular saw 

 

The sound pressure level value of the noise source is measured was 88.75 

dB(A). The background noise was measured to be 45 dB(A) which is far 

lesser than the sound pressure level of the noise source. Therefore, 

background noise has a negligible influence on the noise measurement of 

the source. All the measurements were repeated for ensuring the reliability 

of measurement. 

 

6.3 Results and Discussion 

The overall SPL values in various cases of the measurement are shown in 

Fig. 6.7. It is observed from the Fig. 6.7 that adding the sound-absorbing 

PU foam inside the enclosure reduces the noise level efficiently. The 

acoustic materials not only suppress the acoustic resonance inside the 

enclosure but also demises the magnitude of standing waves with an 

increment of the frequencies of the resonance of the standing wave. It can 

be seen that surface shapes of the acoustic material inside the enclosure 

directly influence the acoustical performance of the enclosure. The overall 
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value of SPL for the noise source was observed is 88.75 dB(A) which is 

maximum. The minimum SPL is achieved in the case of using pyramid 

shape PU foam which is 65 dB(A). 

 

Figure 6.7 Overall sound pressure level values of various measurement 

conditions 

The noise reduction for various conditions is shown in Fig. 6.8. It is found 

that adding a pyramid shape PU foam inside the acoustic enclosure, causes 

a larger noise attenuation of 23.75 dB(A).   

 

Figure 6.8 Noise reduction values of various measurement conditions 
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It can be observed directly from Fig. 6.8 that the plane shape and wedge 

shape PU foam causes a noise reduction of 19.32 dB(A) and 21.05 dB(A) 

respectively. 

The 1/3 octave analysis is carried out as shown in Fig. 6.9 to study the effect 

of various shapes of acoustic material in the different frequency bands.  

 

Figure 6.9 Overall sound pressure level values at the center frequency of 

1/3 Octave band 

The 1/3 octave analysis shows that wedge shape and pyramid shape acoustic 

material have an overall better effect in comparison to plane PU foam in the 

entire frequency region as shown in Fig. 6.9. 1/3 octave band analysis shows 

that the wedge and pyramid shape PU foam has a similar effect in the 

frequency range between 500 to 2000 Hz. The pyramid shape PU foam is 

very efficient in the high-frequency region between 2000 to 8000 Hz.  

In general, when an incident sound-wave hits on the panel plain surface, 

some of the sound wave is reflected off, some is absorbed, and some 

transmitted through the panel. To minimize the amount of sound transmitted 

through the wall, pyramid shape surface is designed in order to suppress 

sound effectively. 

Pyramid shape surface provides best absorption and following are the 

reasons:  
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• Since arranging an air gap or even a vacuum gap in the wall can do 

a lot to cut down on the transmission of sound. A vacuum is a perfect 

sound break because it eliminates the transfer of sound pressure 

waves. 

• Covering the plain surface with pyramids, sound-waves emerge at 

different angles, refracted up and down and sideways, scattering the 

sound like frosted glass scatters light. Some of the sound energy will 

hit an adjacent pyramid and absorbed. 

• A sound wave hitting the shallow angle of a pyramid will bounce 

into the neighbouring pyramid at a shallow angle, and from there 

back to the first, losing energy with each bounce, finally dissipating 

completely.  

• A right-angle between pyramids is acts as a like a reflector, in that a 

given sound-wave will bounce off one wall, into the next, and then 

right back at the emitter which causes a reduced sound transmission. 

It is clear from the experimental results that the pyramid shape PU 

foam is efficient for improving the acoustic performance of the 

enclosure. 

 

6.4  Conclusion 

In the present chapter, an experimental study in the laboratory was carried 

out for investigating the effect of various shape acoustic materials on the 

noise reduction performance of an acoustic enclosure The noise source was 

considered as a handheld saw. The various conditions have been considered 

for the measurement by using the different shapes of sound-absorbing 

polyurethane foam. Therefore, commercially available acoustic material of 

three surface shapes, i.e., plane, wedge, and pyramid surface are chosen for 

the analysis. It is found from the experimental results that surface shapes of 

the acoustic material influence the acoustical performance of the enclosure 

greatly. The experimental result shows that a larger noise reduction of about 
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23.75 dB(A) is achieved for the case of using pyramid shape PU foam. The 

1/3 octave analysis is also carried out to study the effect of various shapes 

of acoustic material in the different frequency bands. The 1/3 octave 

analysis shows that wedge shape and pyramid shape acoustic material have 

a better effect on the acoustic performance of enclosure in comparison to 

plane PU foam in the entire frequency region. The pyramid shape PU foam 

is very efficient in the high-frequency region between 2000 to 8000 Hz. 

Therefore it can be concluded from the experimental results that the 

pyramid shape PU foam is very effective for improving the acoustic 

performance of the enclosure. The present experimental study demonstrates 

that the implementation of sound-absorbing material of different surface 

shapes would be an appropriate method for improving the acoustical 

performance of the enclosure. 
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7 Chapter 7 

Conclusions and future scope 

 

This chapter presents the conclusions and the significant contributions of 

this thesis toward the evaluation of sound transmission methodologies for 

the different shapes of acoustic enclosures It also enlists the possible 

extension and the future scope of this work. 

 

7.1 Conclusions 

In this chapter, the conclusions of the sound transmission loss evaluation 

methodologies based on SEA method and experimental technique are 

discussed. The analytical and experimental methods are employed for the 

study of sound transmission through different shapes of acoustic enclosures 

namely, cylindrical enclosure, conical enclosure and hemispherical 

enclosure. The experimental set-ups for individual shape of enclosure are 

fabricated and the volume is kept same for all the enclosures for the 

transmission loss study. The conclusions are as follows: 

• The analytical model is presented based upon the SEA method for 

predicting the transmission loss of cylindrical shape acoustic 

enclosures in a broad frequency region. It is found that the analytical 

predictions show fairly a good agreement with the measured 

transmission loss using sound intensity technique and predict well 

the ring and critical frequencies of enclosure panels.  

The percentage error between analytical and measured ring 

frequencies is 5.32 %, and that for the critical frequency of enclosure 

panels is 3.89 %. It is found that resonant responses and non-

resonant responses are very much significant at frequencies around 

the critical frequencies of panels. It is demonstrated that, below the 
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critical frequency, transmission loss of cylindrical enclosure is 

principally regulated by the non-resonant wave modes only.  

• An analytical formulation is proposed using SEA method for 

evaluating the transmission loss of conical shape acoustic enclosures 

in a broad frequency region. The sound intensity experimental 

technique was employed for measuring the sound transmission loss. 

It is found that the analytical predictions demonstrated good 

agreement with the measured transmission loss. 

The percentage error between predicted and measured lower ring 

frequency was 5.1 % and that for the upper ring frequency was 0.4 

%. The percentage error between predicted and measured critical 

frequency was 2.7 %. The results obtained indicate that the proposed 

analytical model is efficient for predicting the transmission loss of 

conical shape structures. 

• A SEA model is presented for predicting the transmission loss of 

hemispherical shape acoustic enclosure. The analytical formulation 

models the hemispherical enclosure in a broad frequency region. 

The sound transmission loss of the hemispheric enclosure is 

measured using the sound intensity experimental approach. The 

analytical model agrees well with the experimental results and 

accurately evaluate the hemispherical enclosure ring and critical 

frequency. The percentage error between predicted and computed 

ring frequency is 6.8 %, and that for the critical frequency is 2.1 %. 

• The parametric study is performed using SEA method to study the 

influence of design parameters such as the internal absorption 

coefficient, thickness, radius, and different panel materials on the 

transmission loss of different shapes of acoustic enclosures. It is 

found that the greater transmission loss of acoustic enclosure can be 

achieved using a higher absorption coefficient inside the cavity. 

Further, it is shown that the sound insulation performance of the 

acoustic enclosure increases with the increases of shell thickness. 
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Moreover, it is demonstrated that the larger radius reduces 

transmission loss of acoustic enclosure. It is found that the enclosure 

made of high-density material effectively provides the superior 

transmission loss in a wide frequency range compared to enclosure 

made of low-density material. 

• The experimental study is performed to investigate the transmission 

loss of four different shape enclosures viz. rectangular, cylindrical, 

conical and hemispherical. The volume of all the shapes has been 

kept the same. The sound intensity approach is adopted to determine 

the transmission loss of enclosures in wide frequency range. The 

experimental study shows that the acoustic enclosure of 

hemispherical shape provides maximum transmission loss as 

compared to rectangular, cylindrical, and conical shape enclosures 

of the same volume.  

• An experimental study is conducted for investigating the influence 

of various shape sound absorbing material on the noise reduction 

performance of an acoustic enclosure. The commercially available 

sound absorbing material (polyurethane foam) of three surface 

different shapes are chosen for the analysis viz. plane, wedge, and 

pyramid. It is found from the experimental results that the use of 

sound absorbing material improves the acoustic performance of the 

acoustic enclosure effectively. It is also shown that the surface 

shapes of the acoustic material influence the noise reduction 

capability of the acoustic enclosure greatly. The experimental result 

shows that the pyramid shape sound absorbing material is very 

efficient compared to plane and wedge shape sound absorbing 

material for noise reduction of acoustic enclosure. The experimental 

study demonstrates that the implementation of sound-absorbing 

material of different surface shapes would be an appropriate method 

for improving the acoustical performance of the enclosure. 
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7.2 Scope for future work 

• Development of the analytical model based on SEA for the 

transmission loss evaluation of different shapes of acoustic 

enclosures lined with different surface shape sound absorbing 

material. In this case, an optimization study using SEA method is 

required to maximize the sound transmission loss with the weight 

and volume constraints. 

• The proposed SEA model can be used to predict the transmission 

loss of acoustic enclosures with a consideration of the external mean 

flow and air gap flow of the sound absorbing material in future. 

• The effect of damping with a combination of sound absorbing 

material on the transmission loss and sound radiation efficiency of 

acoustic enclosure was not studied in this thesis. An investigation of 

these effects can also be helpful in the development of SEA model 

in future. 

• The proposed analytical model based on SEA can be explored for 

predicting the sound transmission loss of perforated panels.  

• Combination of the SEA method and numerical method for the 

sound transmission analysis of the acoustic enclosures. 
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8 Appendix A 

 

SEA parameters for the subsystems used in the sound transmission loss 

problem of the cylindrical acoustic enclosure 

Modal density 

The modal density of the subsystem 1 is expressed by [33]:  
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where, 1V is the volume of the internal sound field . 

The modal density of the resonant subsystem 2 is given as follows [117]:
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where, R , L and h  are the radius and length and thickness of the cylindrical 

shell respectively, rf  is the ring frequency of cylindrical shell which is 

given as : 

 =                 
2

L
r

C
f

R
                                           (A.3) 

where, LC is the longitudinal wave speed in the panel and obtained from 

[30]: 
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where, E and are the Young’s modulus and Poisson’s of the material. 

 

The modal density of the subsystem 3 is given as follows [117]: 

3 2
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=                                                                   (A.5) 

Dissipation loss factor 

The dissipation loss factor of the subsystem 1 is expressed by [44]: 
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where, γ is the internal absorption coefficient of the enclosure, 

4
γ = 1.8 10 f

−
   (minimum value) for the ambient condition when no 

absorbing material was used for the enclosure. 

The dissipation loss factors of the enclosure panels were measured 

experimentally using the decay rate technique since there is no exact 

analytical expression available for computing the loss factor due to 

dissipation. 

Coupling loss factor   

The loss factor due to coupling between resonant subsystem 2 to subsystem 

1 is given as [44]: 
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where, 
2 is the radiation efficiency for the resonant cylindrical shell [31]. 
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The loss factor due to coupling between resonant subsystem 3 to subsystem 

1 is given as [44]: 
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where, 
3 is the radiation efficiency for the resonant flat panel [30]. 

The coupling loss factor between resonant cylindrical shell/plate 

subsystems is given by [131]: 
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where, n= circumferential mode number, M = total number of modes, 

cpn is the transmission efficiency of coupled cylindrical shell/plate 

junction for the nth mode which is computed from Tso and Hansen [132].  

It should be noted that the coupling loss factor between resonant subsystems 

in opposite direction is estimated using the reciprocity rule [30]: 

12 1 21 2n n n n=                                                                                      (A.10) 

13 1 31 3n n n n=                                                                            (A.11)  

23 2 32 3n n n n=                                                                                    (A.12)                                                                                                                                                     
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The coupling loss factor between the subsystem 1 and non-resonant 

structural subsystem 4 is given by [38]: 

( )14 4 4 4 12 1 / 8d
on S C n a fV = +                       (A.13)              

where, 
2 o o

h
a

c




= ,                                                                                                   

The coupling loss factor between the subsystem 1 and non-resonant 

structural subsystem 5 is given by [38]: 

( )15 5 5 5 12 1 / 8d
on S C n a fV = +                                (A.14)                                                                                                       

The coupling loss factor between non-resonant subsystem 4 and subsystem 

1 and loss factor due to coupling between non-resonant subsystem 5 and the 

subsystem 1 is given by the following expression [38]: 

41 51 /o on n c h = =                                            (A.15)  

                                                                                                              

Table A.1 : Table of resonating modes computed using numerical 

method through ANSYS software. 

S.No Enclosure Shapes 

Rectangular 

enclosure 

Mode 

frequency 

((Hz) 

Cylindrical 

enclosure 

Mode 

frequency 

(Hz) 

Conical 

enclosure 

Mode 

frequency 

(Hz) 

Hemispherical 

enclosure 

Mode 

frequency  

(Hz) 

1 24.61 42.17 74.14 36.72 

2 51.22 122.93 74.23 100.29 

3 79.94 124.79 163.73 106.29 

4 103.36 164.56 197.18 190.68 

5 117.34 250.41 321.7 201.89 

6 142.97 253.41 323.25 307.59 

7 153.59 344.52 358.71 315 

8 186.6 346.3 359.52 440.86 

9 202.44 353.28 476.65 449.68 

10 233.66 361.48 497.54 595.43 
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